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Abstract. Natural gas is presented as an alternative to brazilian fuels market due to its gaseous polutants emission 
reduction potential. However, the use of an alternative fuel in the automotive industry requires a correct design of 
internal combustion engines. The present paper considers the development of a two-dimensional model to simulate a 
spark-ignition engine fuelled by a mixture of air and methane. The main goal is the analysis of relative air/fuel ratio 
effect on the engine performance, based on results for indicated power, volumetric efficiency and fuel conversion 
efficiency. 
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1. INTRODUCTION 
 

Recently, several researches have been carried out to analyze the use of natural as an alternative fuel for internal 
combustion engines. For example, Kato et al. (1999) developed an IC engine fuelled by compressed natural gas in order 
to reduce pollutants emissions levels. Valves opening conditions, fuel injection and exhaustion systems as well as 
compression ratio (from 9.5:1 to 11:1) were modified. Despite of such changes, the authors verified a decrease on 
maximum power (88 kW to natural gas against 97 kW to gasoline) and a decrease in the engine reliability due to high 
natural gas working temperatures and absence of lubrication on the valve seat, originally provided by the gasoline itself. 
However, pollutants emissions levels of the engine remained below the standard regulations. 

Caillol et al. (2002) investigated the effect of natural gas composition variation on the burned mass fraction, flame 
velocity and pollutants emissions of a spark-ignition engine. A mono-cylindrical engine was tested with different 
relative air/fuel ratio (between 0.6 and 1.2) and four different natural gas compositions (from pure methane to ethane, 
propane and nitrogen gas mixtures). The authors concluded that a mixture of ethane and propane has a positive 
influence on flame velocity under poor combustion circumstances. 

Tinaut et al. (2006) performed a numerical study to predict the performance of an IC engine operating with poor gas 
and other low calorific gaseous fuels, commonly obtained from solid biomass. A numerical simulation was considered 
for a 1.6 liters engine, with 9.6:1 compression ratio, and operating at 4,000 rpm with different fuels (poor gas, isooctane 
and methane). Tinaut et al. (2006) observed that indicated power for poor gas operating condition was 66%, and for 
methane was 85%, of the indicated power for gasoline operating condition. 

Thobois et al. (2003) analyzed a spark-ignition engine operating with three different natural gas compositions and 
with isooctane, through a numerical simulation of a simplified axisymmetric geometry. The authors used correlations 
for the natural gas laminar flame speed to obtain the performance of a 1,750 cm3 engine working with two different 
compression rates. Among the results obtained were combustion rate, in-cylinder pressure, turbulent intensity and 
indicated mean effective pressure. The results showed a 20% reduction on specific fuel consumption and a 5% loss on 
effective mean pressure for methane operation in comparison with isooctane fuelled condition. The gain obtained on 
specific fuel consumption was attributed, by the authors, to the higher hydrogen/carbon ratio presented on methane gas 
(4.00) when compared to isooctane (2.25). 

The main goal of the present work is to analyze the relative air/fuel ratio effect on natural gas internal combustion 
engines performance, via numerical simulations of a small size spark-ignited internal combustion engine fuelled by 
different mixtures of air and methane. Methane gas is the major component of natural gas and more than 90% in volume 
of natural gas in Brazil and other countries is methane (Weaver, 1989). Since the low heating value of methane is 
similar to other hydrocarbons, the assumption of modeling natural gas as methane is a good approximation from the 
energy release point of view. However, it must be emphasized that small additions of larger hydrocarbons have a strong 
effect on the ignition behavior of natural gas (Westbrook et al., 2005). However, the present study is neither focused on 
ignition analysis nor on abnormal combustion, but on the analysis of the effect of flow pattern and heat transfer on the 
IC engine performance. 
 



2. PROBLEM FORMULATION 
 
2.1. Geometry 
 

The model for the intake, cylinder and exhaust systems rely on an axisymmetric two-dimensional approximation for 
a small size spark-ignited internal combustion engine fuelled by natural gas. The main cylinder dimensions and other 
engine characteristics are as follows: i) bore - 79.5 mm; ii) stroke - 80.5 mm; iii) connecting rod length - 129.025 mm; iv) 
crank radius - 40.25 mm; v) valves diameter - 30 mm; vi) valves lift - 10 mm; vii) compression ratio - 10:1. 

The model considers the intake and exhaust valves aligned with the axis of the cylinder. Both the cylinder and piston 
heads are plane and parallel to each other. As a consequence of adopting a two-dimensional geometry, the intake has to 
be positioned in the cylinder head, whereas the exhaust was placed in the piston head. The piston motion was described 
according with the crankshaft mechanism. On the other hand, the displacements for the intake and exhaust valves were 
prescribed through polynomial functions, corresponding to model of a fixed valve command. The spark plug is located 
at the center of the intake valve surface. Intake and exhaust system are assumed to be connected to constant pressure 
reservoirs (plenum). Figure 1 shows a schematic view of the computational domain. 

 

 
 

Figura 1. Rendering of the domain for the numerical simulations. 
 
2.2. Governing equations 
 

The chemical reaction is modeled as a global, one-step, chemical kinetic mechanism, with five chemical species. 
The mechanism for a stoichiometric combustion of methane with standard dry air, describes methane oxidation to create 
carbon dioxide and water vapor, as follows: 

 
( ) 222224 52,7276,32 NOHCONOCH ++→++  (1) 

 
The fluid flow is modeled for an inertial frame of reference, with conservation equations for mass and momentum 

being coupled with conservation equations for thermal energy and mass of chemical species. Finally, a state equation 
for the ideal gas is also adopted to close the system of equations. Turbulence is modeled using the eddy viscosity 
concept through transport equations for the turbulent kinetic energy and its rate of viscous dissipation. The conservation 
equations are written in terms of Favre average (Peters, 2000). Thus, the equation for conservation of mass is 
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The conservation equation for the linear momentum, neglecting body forces, is written as: 
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where ρ  is the specific mass, iU~  is the velocity vector, P~  is the pressure, ( )teff μμμ +=  is the effective viscosity, 
written as the sum of molecular viscosity, μ , and turbulent viscosity, μt. The turbulent viscosity is evaluated through the 
RNG k-ε model (Orszag et al., 1993), which involves the solution of transport equations for turbulent kinetic energy k

~
 

and for dissipation rate ε~  in order to estimate ερμ μ /2kCt = . 
 



Proceedings of ENCIT 2008                                                                      12th  Brazilian  Congress of Thermal Engineering and Sciences 
Copyright © 2008 by ABCM November 10-14, 2008, Belo Horizonte, MG 

 

The conservation equation for the mass of the chemical species i is written as: 
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where iY~  is the mass fraction of species i, Di,m is the molecular diffusion coefficient for species i in the mixture, Sct is the 

Schmidt turbulent number and iR~  is the species production rate by chemical reaction. 
The conservation equation for the thermal energy is expressed by Eq. (5): 
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where ih
~  is the enthalpy for each chemical species j, keff is the effective thermal conductivity of the fluid, effτ  is the 

viscous stress tensor and hS~  is the source term which includes heat generated by other volumetric heat source. The 
energy generated by combustion is already included in the mixture enthalpy, when a certain mass of reactants is 
transformed into products by chemical reaction. 

The chemical reaction rate for species i is strongly non-linear and depends on local temperature and concentrations. 
To model the reaction rate, a chemistry-turbulence interaction mechanism is used and an average reaction rate is 
obtained. Here, the EDC (eddy-dissipation-concept) model (Magnussen and Hjertager, 1976; Magnussen, 1981, 1989) 
is adopted. In this model, it was assumed a complete molecular mixing of reactants and products within the smallest 
turbulent scales. In such small scales, called the inner region, there is a chemical reaction, controlled by a chemical 
reaction mechanism, transforming reactants into products as modeled by the global one-step mechanism presented in 
Eq. 1. Between the inner region and the outer region, there is a turbulent transport of reactants and products controlled 
by the turbulence large scales. The local mass balance requires that the net mass flux of each chemical species i between 
both regions (in and out) is equal to the inner region chemical reaction rate. 

The volumetric fraction of the flow occupied by turbulent smaller scales (inner region) is given by ξ3, where ξ is 
defined by: 
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where Cξ is a volumetric fraction constant equal to 2.1377 and ν is the kinematic viscosity. 

Mass renewal inside the small scales region occurs in a time scale τ given by: 
 

( ) 2/1/εντ τC=  (7) 
 

where Cτ is a time scale constant equal to 0.4082. 
The net mass flux between the inner and outer of the region limited by the small scales results in the global reaction 

rate Ri: 
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where *

iY  is the mass fraction of chemical species i existing in the inner region. The model considered here assumes that 
the probability of reaction is equal to 1 (Magnussen, 1981; Magnussen, 1989).  

The inner region mass balance requires that the net mass flux be proportional to the molecular chemical reaction 
rate, which means, 

 
3* /ξii RR =  (9) 

 



The small scales region can be modeled as a perfect stirred reactor (PSR). Assuming a global, one-step, chemical 
kinetic mechanism as showed in Eq. (1), the mass and energy balances at small scales level result in 
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where ρ* is the mixture specific mass of small scales region and h* and h are the mixture enthalpies of small scales and 
mean flow regions given by: 
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where N is the number of chemical species present in the mixture (CH4, O2, N2, H2O e CO2). 

For the chemical reaction rate, we assume an Arrhenius model given by: 
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where A is the pre-exponential factor, E is the activation energy, β is a temperature coefficient, R is the universal 
constant of gas, Mi is the molecular mass of chemical species i and ni is the stoichiometric coefficient of chemical 
species i in Eq. (1). 

The gas mixture is assumed to follow an ideal gas behavior. Therefore, 
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where ipc ,  is the specific heat of chemical species i and o

fih ,  is the standard enthalpy of formation. 
The system of equations for the small scales is solved at each control volume, following a sub-grid model, providing 

results for temperature T* and concentrations Yi
*. Such results and the local mass fraction Yi are then used to obtain the 

local average volumetric reaction rate from Eq. (8). 
 
2.3. Boundary conditions 
 

The solution domain adopts boundary conditions for pressure at the inlet of intake system and the outlet of exhaust 
system, corresponding to 101.3 kPa and 102.1 kPa, respectively. Turbulent intensity equal to 3% is assumed for an 
estimate of the turbulent kinetic energy k at both the inlet and outlet boundaries. The dissipation rate ε is evaluated from 
values for the turbulent kinetic energy and the length scale, which was assumed to be equal to the geometry hydraulic 
diameter. 

At the inlet of the intake system, it was assumed the presence of a mixture of dry air and methane at 298 K. At the 
outlet of exhaust system, a locally parabolic flow condition with a completely burned mixture at 523 K was prescribed. 
The solid surfaces of the intake and exhaust system and the valve stem were considered to be adiabatic. On the other 
hand, the combustion chamber wall was considered to be isothermal, with a temperature value equal to 403 K. Ignition 
was applied through an energy deposition of 100, 200 or 300 mJ, depending on the mixture composition, and tested to 
take place at different crank angles. This deposition was applied during 10-4 s near the intake valve, in a circular region 
with a radius of approximately 2.0 mm. 

The engine speed was set to 4,500 rpm, with the intake valve opening and closing at 0 and 224°, respectively, 
whereas for the exhaust valve such crank positions were 496° and 720°. Each simulation started with the piston in the 
top dead center (at zero crank angle degree) and finished in the same position (at 720 crank angle degree). A total of 
approximately 6 complete cycles were simulated so as to achieve a fully periodic regime operation. 

The chemical reaction presented in Eq. (1) describes the combustion of a stoichiometric mixture of air and methane 
and, thus, defines the stoichiometric air/fuel ratio. Air/fuel ratios (A/F) simulated in the present work are: 
i) Stoichiometric (λ equal to 1.0 or A/F equal to 17.16); ii) Poor I (λ equal to 1.1 or A/F equal to 20.76); iii) Poor II 
(λ equal to 1.2 or A/F equal to 24.71). 
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3. NUMERICAL SOLUTION 
 

The numerical solution of the conservation equations was obtained with the commercial code Fluent v.6.2.16 
(2006), which is based on a finite volume methodology. The computational domain is divided into finite volumes that 
are used to integrate the differential equations by applying the Gauss Theorem in a collocated mesh arrangement. The 
pressure-velocity coupling is solved with the PISO algorithm. Proprieties at the volumes faces were interpolated with a 
first-order upwind scheme in the case of the energy equation and with a second-order upwind scheme balances of mass, 
momentum and species. Yet, for turbulence quantities the power-law scheme was adopted instead. The solution 
procedure was considered to be converged when the overall absolute residual on the control volumes was less than 10-3 
for all the properties, except for the energy equation, for which the criterion was 10-6. 

The pressure fields for combustion chamber and intake system were initialized, respectively, with values of 102.1 
and 101.3 kPa respectively. The initial temperature at the intake system was set to 298 K, while in the combustion 
chamber and exhaust system the initial temperatures were set to 700 K and 523 K, respectively. The mass fractions at 
the intake system were initialized with same values as fresh air/methane mixtures, depending on air/fuel ratio adopted. 
For the combustion chamber and the exhaust system values corresponding to total burned mixture were prescribed. 

A very important aspect in numerical simulations is the assessment of truncation errors present in the solution, 
which is possible through tests of grid refinement. In the present work, this objective was reached by the simulation of a 
specific case using three different grids refine. The model was solved according with the conditions presented in section 
2, with an ignition advance angle of 48° and a relative air/fuel ratio equal to 1 (stoichiometric). The computational grids 
denoted by 1, 2 and 3 are indicated in Tab. 1. The number of volumes for each grid changes according with the crank 
angle of the engine because a dynamic mesh is adopted. 

 
Table 1. Number of volumes for numerical grid. 

 
Number of Volumes Minimum (top dead center) Maximum (bottom dead center) 

   

Mesh 1 5,990 20,830 
Mesh 2 6,940 30,730 
Mesh 3 8,500 49,290 

 
As can be seen in Tab. 1, each grid has a maximum and a minimum number of volumes during the simulation of a 

complete engine cycle. Most of the refinements in the grids were directed to valve passages and to the in-cylinder 
region. Therefore, intake and exhaust systems remained with virtually the same grid refinement. 

The size of the volume next to the wall in the cylinder region was kept the same for all computational grids. From 
this initial volume, the remaining volumes were then generated based on a geometric ratio of 1.15, allowing an increase 
of the volume size as a function of the distance from the wall.  

Results for the engine performance obtained with the three grid refinements are presented in Tab. 2. As can be seen, 
the results are quite similar, with a difference less than 15% for the volumetric efficiency. Other results (indicated work, 
torque and power, fuel conversion efficiency and specific fuel consumption) showed variations of about 9.5%. 

 
Table 2. Engine performance results according different grid refine. 

 
Grid Refine Grid 1 Grid 2 Grid 3 

    

Volumetric efficiency 0.74 0.74 0.73 
Indicated work [J] 335.8 344.5 361.4 
Indicated torque [N.m] 0.47 0.48 0.50 
Indicated power [kW] 12.59 12.92 13.55 
Fuel conversion efficiency 0.33 0.34 0.36 
Specific fuel consumption [g/kWh] 219.1 211.8 200.6 

 
The simulations were carried out on a Pentium® IV 3.6 GHz with 2 Gb RAM memory. The numerical simulation 

time step was equal to 10-5 seconds to grid 1, while the time step was equal to 5×10-6 seconds to grids 2 and 3. Thus, 
grid 1 used 2,667 time steps, while grids 2 and 3 used 5,334 to achieve one complete cycle simulation. Due to these 
differences, grid 1 simulation spent 23 hours-simulation time, whilst grids 2 and 3 spent 48 and 72 hours-simulation 
time, respectively. 
 



4. RESULTS 
 

The effect of different relative air/fuel ratios on a natural gas IC engine was evaluated through a series of numerical 
simulations. Accordingly, three different ignition timings (48°, 54° and 60°) and three different relative air/fuel ratios 
(1,0, 1,1 and 1,2) were simulated using the same conditions presented in section 2. Each relative air/fuel ratio was 
simulated with three different ignition timings. The results for the engine performance according with these nine 
different operating conditions are presented in Tab. 3. 

 
Table 3. Engine performance results according different relative air/fuel ratio. 

 

λ Ignition 
advance [°] 

Volumetric 
efficiency 

Indicated 
power [kW] 

Fuel conversion 
efficiency 

Specific fuel 
consumption [g/kWh] 

      

48 0.74 12.55 0.33 219.96 
54 0.74 13.00 0.34 211.63 1.0 
60 0.74 10.87 0.28 252.29 
48 0.75 10.83 0.31 232.74 
54 0.75 11.62 0.33 217.26 1.1 
60 0.74 12.42 0.35 202.88 
48 0.75 8.66 0.27 267.98 
54 0.75 9.50 0.29 245.00 1.2 
60 0.75 10.59 0.33 219.66 

 
As shown in Tab. 3, the maximum brake torque (MBT) is only reached for λ = 1.0. Unfortunately, the number of 

simulated cases with λ = 1.1 and 1.2 was not enough to allow one to clearly identify the maximum brake torque. As the 
ignition advance is increased, the engine power rises and the specific fuel consumption decreases. Consequently, there 
is an improvement in the fuel conversion efficiency, with the exception for the case corresponding to λ = 1.0 and 
ignition advance of 60°. For poor mixtures, it is observed an increase in the fuel conversion efficiency as the relative 
air/fuel ratio becomes higher than 1.0. 

The combustion of poor mixtures originates lower temperature products (Heywood, 1988). This aspect can also be 
seen in the present study, from results for temperature of burned gases at different relative air/fuel ratio and 48 CAD 
BTDC ignition timing, as shown in Fig. 2. Before the opening of the discharge valve, the temperature of burned gases is 
smaller in the case of poorest mixtures. However, after the valve opening, this situation is inverted. 
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Figure 2. Burned gases temperature according crank angle. 
 
The temperature increase verified for the burned gases of poorest mixtures during the valve opening is associated 

with the highest combustion rate. This is so because the combustion process in the poor mixtures considered here was 
not finished when the exhaust valve was closing. Therefore, the temperature of burned gases is higher than that 
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associated with λ = 1.0. This fact can be verified through oxygen destruction rate and carbon dioxide formation rate 
showed in Fig. 3. Considering carbon dioxide formation rate based on evaluation of reaction rate, the overall burning 
angle for λ = 1.0 is equal to 108°, while for λ = 1.1 and 1.2 such angles are 128° and 162°, respectively. 
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Figure 3. Mass fraction of O2 and CO2 according crank angle: 

(a) λ equal to 1.0, (b) λ equal to 1.1 and (c) λ equal to 1.2. 
 
5. CONCLUSION 
 

The present work showed an analysis of the relative air/fuel ratio effect on natural gas IC engines performance 
through the numerical simulation of a simplified geometry, in order to reduce computational processing time. Grid 
refinement tests were also tested for an assessment of truncation errors in the numerical solution. Numerical results for 
the effect of relative air/fuel ratio were in agreement with data in the literature. As the relative air/fuel ratio is increased 
the mixture will be more diluted and, as a consequence, there will be a decrease in both the combustion rate the flame 
propagation speed. Therefore, the engine requires an increase in the ignition advance to achieve the same indicated 
power returned by a stoichiometric relative air/fuel ratio. 
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