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Abstract. A first-principles model for simulating the dynamic behaviour of household refrigerators is presented herein. The model is 
used to simulate a typical Brazilian 440-litre top-mount refrigerator, in which the compressor is on-off controlled by the freezer 
temperature, while a thermo-mechanical damper is used to set the fresh-food compartment temperature. Innovative modeling 
approaches are proposed for each of the refrigerator components. Numerical predictions are compared to experimental data 
showing a reasonable level of agreement for the whole range of operating conditions, including the start-up and cycling regimes. 
The system energy consumption was found to be within ±10% agreement with the experimental data, while the air temperatures of 
the compartments were predicted with a maximum deviation of ±1°C. 
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1. Introduction 

 
A household refrigerator is basically composed of a thermally insulated cabinet and a refrigeration loop, as 

illustrated in Figure (1). Its performance is usually evaluated by one of the following approaches (i) simplified 
calculations based on component characteristic curves; (ii) numerical analyses via commercial CFD packages; and (iii) 
standardized experiments. Although the first two techniques play important roles in component design, they do not 
provide enough information about component matching and system behavior, which is only obtained by testing the 
refrigerator in a controlled environment chamber. However, such tests are time consuming and expensive. 

A faster and less costly alternative is the use of first-principle models for simulating the thermal- and fluid-dynamic 
behaviour of refrigeration systems. Steady-state and dynamic approaches can both be used. While the first is mainly 
used for component matching, the second is essential to define the controlling strategies and to optimize the system 
performance. Former dynamic models for refrigeration systems date back to the early 80s and were mostly focused on 
heat pump systems (Chi & Didion 1982, Yasuda et al. 1983, MacArthur 1984). The development of dynamic models 
for household refrigerators was stimulated by the CFC-12 phase-out in the late 80s (Melo et al. 1988, Jansen et al. 
1988). Very few approaches available in the literature (Jakobsen 1995, Ploug-Sørensen 1997) are able to simulate the 
cycle behavior of household refrigerators, and none of them have been properly validated against experimental data on 
energy consumption. 

The development and validation of a model to estimate the energy consumption of household refrigerators is 
therefore the main focus of this study. 
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Figure 1. Schematic of a top-mount refrigerator. 
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2. Mathematical Modelling 

 
The overall system modeling requires the development of sub-models for each of the cycle components, which are 

summarized below. Detailed information can be found in Hermes (2006). 
 
2.1. Heat Exchangers: Condenser and Evaporator 

 
The model for refrigerant flow through the condenser and evaporator coils relies on the following simplifying 

assumptions: 
 

• 1D flow 
• straight, horizontal and constant cross-sectional tubes 
• negligible diffusion effects 
• negligible pressure drop 

 
The governing equations, derived from the mass and energy conservation principles applied to each of the control 

volumes (CV) illustrated in Figure (2), are given below: 
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where an upwind scheme was used to average the flow properties, and the averaged heat transfer term was integrated 
using the trapezoidal rule. 
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Figure 2. Diagram of the finite-volume discretization of the heat exchanger coil. 

 
As the refrigerant pressure through the coil is constant, the set of 2n dynamic ordinary differential equations ODEs 

may be re-organized into a set of n+1 linear equations (Rossi & Braun 1999), with n equations for the internal energy 
time-derivatives and 1 equation for the dp/dt term as follows: 

 

( )

( )

( )
�
�
�

�

��
�

�

�

�
�
�

�

��
�

�

�

−
∆−

∆−
∆−

=

�
�
�

�

��
�

�

�

�
�
�

�

��
�

�

�

�
�
�
�
�
�
�
�
�
�
�

	




�
�
�
�
�
�
�
�
�
�
�

�



∆−−−∆−∆−

∆−−−∆−

−−

�

�

=

−

=
ne

nen

e

e

n

n

j
jjnn

n

j
jjn

n

n
nnnnn

ww

hwQ

hwQ

hwQ

p

u

u
u

VVVV

VhpVpVVhVh

VhpVpVVh

pVpV

�

�

�

�

�

�

�

�

����

22

11

2

1

1
2211

1

1
222111

112
2

2
22222111

1

1
11111

0

00

000

ψφφφ

ψ
ρ
ψρφρφφ

ψ
ρ
ψρφρφ

ρ
ψρφρ

    (3) 

 
where, 
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The peculiar shape of the coefficient matrix, with the lower band and the last row (n+1) terms different from zero, 

permits its analytical inversion by LU-decomposition. Such an approach not only reduces the number of ODEs, but also 
provides an explicit and evolving equation for pressure calculation. 

 
The refrigerant properties were calculated in advance by the REFPROP 7 software and stored in the computer 

memory in the form of cubic splines. Gnielinski’s (1976) correlation was used to estimate the single-phase flow heat 
transfer coefficients, while Jung’s et al. (2003) and Wongwises’ et al. (2000) correlations were adopted to estimate the 
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condensing and evaporating heat transfer coefficients, respectively. The void fraction models proposed by Baroczy 
(1965) and Yashar et al. (2001) were used to estimate the refrigerant mass in the condensing and evaporating regions, 
respectively. 

 
The heat exchanger sub-model takes into account the heat transfer between fins and tubes and between the internal 

and external fluid streams. The following simplifying assumptions were considered: 
 

• negligible heat conduction in the tube 
• one CV per tube (Domanski, 1991) 
• fin efficiency calculated by Schmidt’s (1945) procedure 

 
The wall temperature of the k-th tube, shown in Figure (2), is then given by: 
 

( ) ( ) ( )[ ] ( )[ ] 1−+−++−= fftwk,wk,aafftk,wk,rri
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dt

dT
ηη ��         (5) 

 
The airflow through the evaporator has been modeled as quasi-steady, neglecting the presence of moisture. The 

evaporator air temperature was obtained from an energy balance, also considering the tube-by-tube approach: 
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where the airside heat transfer coefficients are calculated by a dimensionless correlation derived from experimental data 
(Hermes, 2006): 
 

3165401250 PrRe.Nu .
max ⋅=         (7) 

 
where Nu refers to the tube outer diameter and Remax to the air velocity at the minimum free flow area. 

The condenser is a natural draft wire-on-tube heat exchanger, where the airside temperature was assumed uniform 
and constant. The airside heat transfer coefficients are calculated by a dimensionless correlation derived from 
experimental data via the so-called Buckinham-PI Theorem (Hermes, 2006): 
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Figure (3) compares the measured heat transfer rates to those calculated by Equations (5), while Figure (4) does the 

same with Equation (6). As can be seen, the proposed correlations (5) and (6) are able to predict the experimental data 
within an error band of ±10%. 
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Figure 3. Proposed airside heat transfer correlations for finned-tube evaporators. 
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Figure 4. Proposed airside heat transfer correlations for wire-on-tube condensers. 

 
2.2. Capillary Tube-Suction Line Heat Exchanger (CT-SL HX) 

 
The CT-SL HX sub-model is based on the following simplifying assumptions: 
 

• 1D, viscous, compressible, homogeneous, and quasi-steady flow 
• negligible diffusion effects 
• negligible heat conduction in the tube walls  
• straight, horizontal and constant cross-sectional area tube 
• negligible pressure drops at the tube inlet and outlet 
• negligible metastable flow effects 

 
The refrigerant flow through the capillary tube is governed by the mass, energy and momentum principles, which 

provide the following set of differential equations, in the pressure domain: 
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From these equations the tube length and refrigerant enthalpy are calculated as a function of the pressure drop in 

any flow region. As there is no explicit equation for the mass flow rate, its calculation follows an iterative procedure 
governed by the calculated and actual tube lengths. The boundary conditions are the pressure and enthalpy at the inlet of 
the capillary tube and the exit pressure. The critical pressure was calculated according to Fauske’s (1962) criterion, in 
which dl/dp→0 at the capillary tube exit. The differential Equations (7) and (8) have been successfully solved by 
Heun’s scheme (2nd order) using a grid with 50 integration points. 

The suction line model is based on the following simplifying assumptions: 
 

• flow of only superheated vapor along the suction line 
• no heat transfer to the surroundings 
• negligible pressure drop 
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From such assumptions the suction line outlet temperature is estimated by means of the heat exchanger 
effectiveness, avoiding the use of an additional iterative loop. A theoretical correlation for the CT-SL HX effectiveness 
was obtained from heat transfer literature considering a counterflow heat exchanger with parallel temperature profiles. 
The CT-SL HX model predictions were compared with more than 1000 experimental data points for adiabatic and non-
adiabatic flows of HFC-134a and HC-600a (see Figure 5). As can be seen the experimental data are reasonably 
predicted by the model, with 85% of all data points falling within a ±10% error band. 

 
2.3. Reciprocating Compressor 

 
The compressor sub-model was divided into two domains: compressor shell and compression process (see Figure 

6). The first allows the calculation of the refrigerant mass flow rate at the compressor inlet using a balance between the 
refrigerant mass flow rate discharged into the condenser and the amount of refrigerant absorbed/released from the 
lubricating oil, which is given by 
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If dσ/dt>0 then wo<0, meaning that the refrigerant is absorbed by the oil. The opposite scenario is observed when 

dσ/dt<0. Both discharged mass flow rate and compression power are calculated by the compression process model, 
based on mass and energy balances within the cylinder (Hermes and Melo, 2006). 
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Figure 5. CT-SL HX sub-model validation for mass flow rate predictions. 
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Figure 6. Schematic of the compressor sub-model. 
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2.4. Refrigerated Compartments 

 
The cabinet walls are modeled according to a 1D finite-volume scheme (Figure 7). The temperature at each k-th 

wall layer is given by 
 

( )
n

TTT
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dT kkkwk

∆
−+

= −+ 211α       (13) 

 
The wall thicknesses were considered uniform for both compartments (fresh-food and freezer). Equivalent 

thicknesses were determined from a reverse heat leakage test, taking into account not only the heat transmission through 
the walls, but also the heat gains in the gasket region. The insulation density was corrected to conserve the overall mass 
of the wall. The airside thermal resistances were neglected, and therefore the internal air and the inner liner 
temperatures are considered to be the same,  
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The airflow rates supplied to each compartment were measured in a wind-tunnel test facility (Hermes, 2006), as a 

function of the damper position (see Figure 8). 
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Figure 7. Finite-volume discretization of cabinet walls. 
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Figure 8. Airflow as a function of damper position. 
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2.5. Numerical Methodology 

 
Two different time-scales can be observed in the refrigerator dynamics. The fastest is related to the refrigerant mass 

migration from one component to another, taking just a few minutes to reach the steady-state condition. The slowest 
relates to the cabinet thermal inertia and consequently the rate of heat transfer to the evaporator, taking hours to 
stabilize. One may notice that the first is inherent to the refrigeration system ODEs, while the second is linked to the 
cabinet ODEs. This behavior has encouraged a solution involving the segregation of the cabinet and system dynamic 
ODEs: solving the first by an explicit 1st order method, and integrating the second using the Adams predictor-corrector 
method, with both order and step size controllers. 

The cycle components are coupled to each other by the mass flow rate-enthalpy pair, and are transported from one 
component to another according to the refrigerant flow direction (see Figure 1). The model requires only two initial 
conditions: ambient temperature (32°C) and refrigerant charge (85g, HFC134a). The equalizing pressure is internally 
calculated by the model. 
 
3. Model Validation 

 
Tests with the refrigerator were carried out in an environmental chamber, in which both air temperature 

(32°C±0.5°C) and relative humidity (50%±5%) were controlled. Table (1) compares the experimental data with model 
predictions under the steady-state condition, showing maximum deviations of ±1°C and ±5% for the air temperatures 
and compressor power, respectively. Figure (9) shows the time variation of the air temperatures while Figure (10) does 
the same for the compressor power during the start-up, with the damper at the maximum cooling position. It can be seen 
that the model is able to estimate the pull-down time and the compressor power with a maximum deviation of ±4% and 
±5%, respectively. Table (2) compares the model predictions with experimental data in terms of energy consumption, 
running factor, and air temperatures. The four control limits were considered (thermostat-damper): MAX-MAX, MAX-
MIN, MIN-MAX, MIN-MIN. It can be observed that the model is able to predict the overall energy consumption and 
the average air temperatures with maximum deviations of ±10% and ±1°C, respectively. The effect of the control limits 
on the predicted average air temperatures is better illustrated by a control-chart (see Figure 11). Figure 12 illustrates the 
suction and discharge pressure profiles through a typical cycle with the controls at the MAX-MAX position. It can be 
seen that the numerical results are in close agreement with the experiment data.  
 

Table 1. Steady-state model validation. 
Fresh-food compartment 

temperature [°C] 
Freezer compartment 

temperature [°C] 
Compressor power [W]  

Damper 
Exp. Sim. Diff. Exp. Sim. Diff. Exp. Sim. Diff. 

MAX 1.6 1.7 +0.1 -28.0 -27.7 +0.3 106.4 108.7 -2.2% 
MIN 9.8 10.8 +1.0 -29.7 -28.7 +1.0 101.2 105.7 +4.4% 

 
Table 2. Average cycle comparisons. 

Energy consumption 
[kWh/month] 

Running factor 
[dimensionless] 

Fresh-food 
compartment 

temperature [°C] 
Freezer compartment 

temperature [°C] 
Thermostat-

Damper 
Sim. Exp. Dif. Sim. Exp. Dif. Sim. Exp. Dif. Sim. Exp. Dif. 

MIN-MIN 40.8 44.1 -7.6% 0.43 0.42 3.2% 11.6 10.8 0.8 -14.8 -15.7 0.9 
MIN-MAX 49.0 51.4 -4.8% 0.52 0.50 3.2% 4.1 4.5 -0.4 -15.4 -16.5 1.1 
MAX-MIN 48.3 53.2 -9.1% 0.54 0.56 -4.1% 11.5 10.4 1.1 -21.5 -21.9 0.4 
MAX-MAX 61.2 62.9 -2.7% 0.68 0.66 2.4% 3.0 2.9 0.1 -22.2 -22.4 0.2 

 
4. Model Application 
 

The model was used to explore the influence of the capillary tube inner diameter on the overall energy 
consumption. In all cases, the refrigerant charge was adjusted aiming at a minimum value for the energy consumption, 
while the average air temperatures were kept constant. The capillary tube diameter was changed from 0.655mm 
(current) to 0.6 and 0.7mm. As the tube diameter decreases, the refrigerant mass flow rate also decreases, and then more 
refrigerant is needed to preserve the cooling capacity, as shown in Figure 13. At the same time the energy consumption 
also decreases with tube diameter. On the one hand, the time needed to fill the evaporator diminishes with tube 
diameter, improving the cooling capacity. On the other hand, the condensing pressure increases as the tube diameter 
decreases, increasing the compression power. As a net effect, the first overcomes the second, so the overall energy 
consumption decreases by 3.5% when the tube inner diameter is changed from 0.655 to 0.6mm. No significant change 
in the evaporation pressure was observed. 
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Figure 9. Air temperatures during system start-up. 
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Figure 10. Compressor power during system start-up. 
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Figure 11. Control chart. 
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Figure 12. Suction and discharge pressures during a compressor cycle. 
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Figure 13. Effect of capillary tube diameter on energy consumption. 

 
5. Concluding Remarks 

 
A novel methodology for modeling and simulating the dynamic behavior of domestic refrigerators was proposed. 

Innovative features are incorporated into all component sub-models in order to guarantee both physical reliability and 
numerical robustness. Numerical predictions were compared to experimental data showing an excellent level of 
agreement for the whole range of operating conditions, including start-up and cycling regimes. The energy consumption 
and the air temperature maximum deviations from the experimental data were found to be ±10% and ±1°C, 
respectively. 

The code was used to investigate the impact of the CT-LS HX geometry on the overall energy consumption of the 
system. It was found that the energy consumption can be reduced by 8%, by changing the capillary tube inner diameter 
to 0.6 mm and the heat exchanger length to 2.340m, with a refrigerant charge of 80g. The code predicts 12h of testing 
using only 30 minutes of CPU time (Pentium M 2.13GHz; 1024Mb RAM). Furthermore, the model can be easily 
adjusted to any kind of cabinet model. 
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8. Nomenclature 
 
A Area, m2 
C Thermal capacity, W 
c Specific heat, J kg-1 K-1 
d Diameter, m 
G  Mass flux, kg s-1 m-2 
h Specific enthalpy, J kg-1 
�  Heat transfer coefficient, W m-2 K-1 
k Thermal conductivity, W m-1 K-1 
L Length, m 
M Mass, kg 
p Pressure, kPa 
Q Heat transfer rate, W 
q Heat flux, W m-2 
T Temperature, °C 
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u Specific internal energy, J kg-1 
t Time, s 
V Volume, m3 
v Specific volume, m3 kg-1 
W Power, W 
w Mass flow rate, kg s-1 
y�  Time-derivative (dy/dt) 
η Efficiency 
ρ Specific mass, kg m-3 
σ Solubility, dimensionless 

 
Indexes 
a Surrounding air 
d Discharge 
e Entrance 
f Fin 
i Internal air 
in Inflow 
k k-th control volume 
o Oil, External air 
r Refrigerant 
s Suction 
t Tube 
w Wall 


