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Abstract. The effects of elastic deformation on tribological characteristics and optimum conditions of circular hydrostatic thrust
bearings for high pressure oil/water hydraulic pumps/motors are discussed experimentally and theoretically in mixed to fluid film
lubrication. The test bearings with the diameter 20 mm were made of bearing steel, carbon steel and plastics, of which surface
roughness was 0.05 to 3.6 umRa. The maximum supply pressure, maximum bearing load and the rotational speed were specified as
55 MPa, 15 kN and 2 rps respectively. The hydraulic oil with |SO VG 32 was supplied. Thefrictional torque and the leakage flow
rate were measured; the power losses were evaluated. In parallel a mixed lubrication model, combining the asperity-contact
mechanism proposed by Greenwood and Williamson and the average flow model by Patir and Cheng, adding the effects of adsorbed
film and elastic deformation, was devel oped and solved numerically. In conclusion, as the supply pressure was higher, the elagtic
modulus was smaller and/or the surface roughness was smaller, the elastic effects became noticeable and the optimum conditions
based on the minimum power loss changed. The theoretical solutions showed a good agreement with the experimental data.
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1. Introduction

Hydraulic pumps and motors are expected to work suitably under high pressure operating conditions. The
reliability and efficiency of the equipment are conspicuoudy influenced by tribology of the bearing and seal parts
(Yamaguchi, 1986). Some of the parts like a slipper (Shute and Turnbull, 1963; Iboshi and Y amaguchi, 1982; Hooke
and Li, 1988) and a hydrostatic valve plate (Y amaguchi, 1987) in swash plate type axia piston pumps/motors behave as
hydrostatic bearings.

Typical hydrostatic bearings are usualy designed and used under the full film lubricating conditions since the
primary advantage of the bearingsisthat a pair of two surfaces facing each other can be separated completely by fluids
pressurized externally without relative motion of the surfaces. The basic theory (Fuller, 1984; Hamrock, 1994;
Williams, 1994) and the design charts (Wilcock and Booser, 1957; JAST, 2001) of the hydrostatic bearings have been
well established. However, the theory and the charts were focused mainly on the bearings of machine tools
(O'Donoghue and Rowe, 1969; Rohs, 1970; Masuko and Nakahara, 1972; Inazaki and Aoyama, 1990) and all of them
were limited to fluid film lubrication.

Hydraulic pumps/motors strongly demand less leakage and compactness, which enforces smaller clearance of the
same order as the roughness height. The hydrostatic bearings for hydraulic equipment are not assumed any more to be
operated in full film lubrication, owing to interference and contact of the roughness asperities, and thus they compelled
to be worked in mixed lubrication. In addition, the load acting on the bearing/seal parts in the pumps/motors changes
basically in proportion to the discharge pressures, in contrast to that the load in machine tools varies under the constant
supply pressure. The conventional models and methods are, therefore, unable to apply directly to the design of the
hydrostatic bearing/seal partsin hydraulic pumps/motors.

The authors have conducted research on the mixed lubrication characteristics of hydrostatic bearings theoretically
(Kazama and Y amaguchi, 1993) and experimentally (Kazama and Yamaguchi, 1995). In the theoretical approach, a
mixed lubrication model (Y amaguchi and Matsuoka, 1992) was applied to the analysis of hydrostatic thrust bearings.
The mixed lubrication model was combined with the asperity-contact mechanism proposed by Greenwood and
Williamson (1966) and the average flow model by Patir and Cheng (1978, 1979), which was further included the effects
of breakdown of adsorbed films, cavitation around asperities and micro-elastohydrodynamic (EHD) contacts. In the
experimental approach, a circular hydrostatic thrust bearing tester was built and the tribological aspect in a wide range
of operating conditions was explored (Kazama and Y amaguchi, 1995). The friction, leakage flow rate and the power
loss in mixed to fluid film lubrication were chiefly discussed. The experiment was accomplished successfully and the
results were in good agreement with the theoretical calculation. In these papers (Kazama and Y amaguchi, 1993, 1995),
additionally, the normalized parameters used frequently and known as the bearing number or the Sommerfeld number
were re-examined, and accordingly aratio indicating hydrostatic balance was proposed, which was defined by the ratio
of the load to the maximum hydrostatic load-carrying capacity. The physical meaning of the ratio was checked
carefully and the usefulness for expressing the feature of the hydrostatic bearings was shown.
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The experimental conditions were, however, confined to the maximum supply pressure of 4.9 MPa and the
maximum rotational speed of 5.0 s*, in order to avoid some complex phenomena like elastic deformation and heat
generation, which were somewhat lower than the operating conditions of actual hydraulic systems. The operating
pressure and power density of future hydraulic pumps/motors are expected to increase. Thus, there has been a need of
efforts to investigate, in particular, at a higher pressure condition. Such operating conditions yield an enhancement of
elastic deformation of the bearing parts.

As regards elastic analysis of hydrostatically supported bearings, in 1960's the pioneers began to struggle with the
problem. Dowson and Taylor (1967) reported on the elastohydrostatic behavior of load-carrying human and animal
joints, which consisted of a soft lining of an articular cartilage upon a relatively rigid backing of bone. In paralldl,
Castelli, et al. (1967) carried out the analytical and experimental investigation of a hydrostatic axisymmetric compliant-
surface thrust bearing. The elastohydrostatic performance of soft materials evaluated under the low load-carrying state,
however, would be different from that of metals used generally as a machine element. Prabhu and Ganesan (19833, b)
studied the behavior of capillary compensated annular recess conical hydrostatic bearings under tilting and rotating
conditions. The pressure levelsin these papers were still lower than those of hydraulic pumps/motors.

Another trend related to hydraulic systems is the usage of tap water as an alternative working fluid, from the
viewpoint of environmental protection. Developments in water-hydraulic equipment (Yamaguchi, 1978) demand
frequently the use of plastics in the lubricating parts, which may cause noticeable elastic deformation due to lower
modulus of eagticity. On this point, Wang and Yamaguchi (2002a) reported the characteristics of a disk-type
hydrostatic thrust bearing supporting concentric loads, using the bearings made up of a combination of plastics and
stainless steel, and simulating the major bearing/seal parts of water hydraulic pumps/motors. Afterwards, they
established the numerical analysis method based on a two-dimensional elastohydrostatic model, which was extended to
adapt it for a non-axisymmetric load acting on the thrust bearing and discussed theoretically the eccentrically loading
conditions (Wang and Y amaguchi, 2002b). The liquid tested was tap-water, whereas the conditions dealt in their study
were limited to full film lubrication and the supply pressure up to 9 MPa.

In this study the elastic effects of the hydrostatic bearings are appraised in mixed to fluid film lubrication. A
circular hydrostatic thrust bearing rig is built, and the experiment is conducted at the maximum supply pressure of 55
MPa and the approximate maximum load of 15 kN. In parallel, a lubrication model including the influence of surface
deformation and asperity contact is developed, and then theoretical calculations are performed under the experimental
conditions. Subsequently, comparing the experimental and theoretical results in a wide range of operating conditions,
the physical phenomena in the bearing clearance at high pressure are revealed and the effects of elastic deformation on
the optimum conditions are discussed.

The deformed shape of the bearing clearances would be categorized in two modes; concave and convex film
profiles. The effects of the convex profiles due mainly to deformation of the hydrostatic pad have partially been
reported theoretically (Kazama and Y amaguchi, 1995) and experimentally (Kazama, et al., 1998), and hence the effects
of the concave profiles are discussed in this paper.

2. Experimental apparatus and procedure
2.1. High pressure hydrostatic bearing tester

Figure (1) shows the schematic diagrams of the experimental apparatus (Kazama, et al., 1996) which enabled to
simulate a circular hydrostatic thrust bearing in mixed to fluid film lubrication. The test bearings consisted of two
cylindrical specimens, which were installed so that these flat end-surfaces were contacted. The upper specimen whose
outer radius was(J , had a hollow core which corresponded to a hydrostatic recess with the radial ratio a of the inner to
outer radii being 0.5. The lower specimen was a solid cylinder. Table (1) lists the representative dimensions of the
apparatus and conditions of the experiment.

The upper specimen was made of carbon steel with standard heat treatment, designated as SA5C (0.42(1.48%C) in
the Japanese Industrial Standards, JIS, and the surface of the sealing land was finished with two grades of roughness:
approximately, 0.5 and 3.6 umRa. The lower specimens were made of chromium-molybdenum bearing steel hardness
designated as SUJ2 (0.95[11.10%C, 1.30[11.60%Cr) in JS (elastic modulus E=206 GPa; Poisson ratio v=0.3, for
reference) and plastics of polyetheretherketone as PEEK (E=3.3 GPa; v=0.21, for reference). The waviness of the
specimens was removed by lapping before a specific roughness was treated. The Shore hardness Hs of the upper and
lower metallic specimens was Hs=3140 and Hs>80 respectively. For the sake of convenient, the upper specimens of
the test bearings were distinguished by the roughness grades: 'smooth’ and 'rough’; the lower ones were discriminated by
the materials: 'SUJ2' and 'PEEK'. The reason why the plastic specimens were used in this experiment was that the
effects of the elastic deformation were examined clearly. Table (2) gives the materials and surface roughness of the
upper and lower specimens of the test bearings.

Mineral oil based hydraulic fluid (1SO VG 32; viscosity p=27.2 mPals, density p=850 kg/m® at 313 K) was used as
the test oil. In order to remove the contaminants in the oil as much as possible, hydraulic filters with the nominal
filtration-particle-size of 3 um were installed in both on- and off-lines. A hydraulic cooler was used so as to suppress a
rise in the oil temperature. The cooler installed in the return circuit connecting to the relief valves since no
manufactured cooler, to stand such extra-high pressure, was available. The temperature of the supply oil, therefore,



could not be controlled precisely. The temperature of the leaked oil was measured by thermistors of which reading
precision was 0.1 °C, and then the viscosity p and the density p were compensated for the input data of the calculation.
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Figure 1. Schematic diagrams of circular hydrostatic thrust bearing tester (1. Rolling element bearings; 2. Driving shaft;
3. Restrictor; 4. Upper specimen (Test bearing); 5. Lower specimen (Test bearing); 6. Rolling element
bearings; 7. Load cell; 8. Load cell; 9. Mount; 10. Wire; 11. Gimbals; 12. Hydraulic cylinder).

Table 1. Representative dimensions and experimental conditions.

Rotational speed N 2 st
M aximum supply pressure Ps, max 55 MPa
Outer bearing radius R, 10.0 mm
Maximum load, approximated Winax 15 kN

Table 2. Combination of test bearings in terms of materials and surface roughness o.

upper / lower 0,/ 0y [pm/pm] Remarks
SA5C 1 SUJ2 0.54/0.056 smooth
SA5C 1 SUJ2 3.59/0.053 rough
$A45C / PEEK 0.55/0.94 smooth
A5C / PEEK 3.61/0.62 rough

2.2. Experimental procedure

The pressurized test fluid was supplied at a constant pressure ps by a hydraulic piston pump into the hydrostatic
recess of the test bearing through a restrictor with the length I, of 30 mm and the radius r. of 1.0 mm. The upper
specimen was rotated at a constant rotational speed N by an electric motor (7.5 kW). To avoid the tilt of the gap
between the upper and lower specimens, the lower specimen was mounted on gimbals attached to a ram of a hydraulic
cylinder. The static load W was acted by the hydraulic cylinder.

At the same time that the load W was varied from low to high to be operated in fluid film to mixed lubrication
regimes, vice versa, the frictional torque T acting on the lower specimen and the volumetric flow rate Q leaked from the
gap between the upper and lower specimens of the test bearings were determined. The torque T was measured by |oad-
cell sensors. The flow rate Q was measured by two ways: When Q was larger, the volume in a period was measured
using several sizes of measuring cylinders, and Q was determined. When Q was smaller, the mass in a period was
measured, where the small pieces of industrial wipers were prepared beforehand; the oil leaked from the gap was
absorbed into the wipers in a period; the mass of the wipers was weighed using a precision balance, and finally the mass



flow rate obtained by the difference in the mass was converted into Q by the oil density at the test temperature (Kazama
and Y amaguchi, 1995).

2.3. Dataarrangement

The experimental data are arranged by the following parameters. For describing the operating conditions, aratio ¢
of the hydrostatic balance, corresponding to the normalized load, defined by (Kazama and Y amaguchi, 1993, 1995):

& W W

Tt(l—a2 ) P2 /(- 2loga)

isintroduced, where a is the ratio of the recess radius to the outer radius R, of the test bearing, psis the supply pressure,
and W (>0) is the load. The denominator in Eq. (1) means the maximum hydrostatic load-carrying capacity of
concentrically loaded circular pad thrust bearings with rigid bodies in the steady state. The conditions of {<1 and {>1,
for the rigid bearings, imply the operation in fluid film and mixed lubrication respectively. The parameter { can be
enhanced and utilized to represent the operating conditions of the hydrostatic thrust bearings with elastic bodies.

Using the mean radius R of the bearing, the equivalent frictional coefficient f is defined by (T: frictional torque):

f=T/(RW) )

The power loss L is given by the summation of the power losses due to leakage flow rate Lo and those due to
frictional torque L+, namely;

0=C1y + 01y = pdd +2UNT ©

where N isthe rotational speed and Q is the leakage flow rate. For designing hydraulic pumps/motors, higher efficiency
is essentially expected. Hence, the power loss L is selected as an objective/evaluation function in this paper and the loss
L to be minimized should primarily be achieved.

3. Experimental resultsand discussion
3.1. Experiment of 'SUJ2' specimens

Figures (2) and (3) exhibit the effects of the surface roughness and the supply pressure ps on the equivalent
frictional coefficient f and the leakage flow rate Q respectively. The upper specimen was alternatively ‘'smooth’ or
'rough’ and the lower specimen was 'SUJ2'. For the rough specimen, the coefficient f increased at the hydrostatic
balance ratio (=1, which was independent of the pressure ps specified from 14 to 55 MPa. Meanwhile, for the smooth
specimen, as ps increased, the value of ¢ at a steep rise in f became larger and shifted to the right in Fig. (2). At ps=55
MPa, the value of { reached 1.5. It is noted that the frictional torque with the smooth specimen abruptly and sharply
rose in the region of larger ¢, so that the experiment was interrupted for safety.
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Figure 2. Effect of surface roughness on equivalent frictional coefficient f versus hydrostatic balance ratio  in terms of
supply pressure ps (Experiment, SUJ2, Rough/Smooth).
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Figure 3. Effect of surface roughness on leakage flow rate Q versus hydrostatic balance ratio  in terms of supply
pressure ps (Experiment, SUJ2, Rough/Smooth).

Comparing the flow rate Q between two roughness grades in Fig. (3), Q with the rough surface was larger than Q
with the smooth surface. In addition, Q of ‘rough’ fell markedly at =1 and almost kept constant in the region of {>1.
The tendency was independent of the supply pressure ps, which coincided with the previous results under the lower pg
conditions (Kazama and Y amaguchi, 1995a).

Figures (4) and (5) depict the power losses L of 'SUJ2' specimens with the ‘rough’ and 'smooth’ surfaces,
corresponding to Figs. (2) and (3), respectively. In Fig. (4), for the rough specimens, the minimum power 10ss L, was
given at the condition of (=1. As the supply pressure ps increased, the minimum L., increased. At the same time, the
gradient of L close to the ratio {(L,,) became large, which was mainly caused by an increase in the power loss due to
frictional torque (Kazama and Yamaguchi, 1995). On the other hand, in Fig. (5), for the smooth specimens, the
minimum L., yielded visibly in {>1. As ps increased, the region of { where the curve of L in the vicinity of {(Lyn)
flattened widened.
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Figure 4. Effect of supply pressure ps on power loss L versus hydrostatic balance ratio { (Experiment, SUJ2, Rough).
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Figure 5. Effect of supply pressure ps on power loss L versus hydrostatic balance ratio ¢ (Experiment, SUJ2, Smooth).
3.2. Experiment of 'PEEK' specimens

Figure (6) demonstrates the experimental data using the 'PEEK" specimens with the 'smooth’ surface. Under the
conditions of the higher supply pressure ps and in the region of the larger balance ratio ¢, for safety, the experiment was
not conducted because the frictional torque suddenly increased and the bearing surface severely wore. We should
mention here that the differences in the absolute values of the frictional coefficients and the power losses were not
discussed because the boundary lubrication characteristics of 'PEEK' and 'SUJ2' were quite different and the comparison
in terms of the absolute values was meaningless.

Comparing the aspects shown in Fig. (6) of 'PEEK" with Figs. (4) and (5) of 'SUJ2', one can see that, for the PEEK
specimens, the influence of the supply pressure ps on the power loss L was noticeable even in the lower pressure
condition (p<<21 MPa). In particular, the value of { where L minimized apparently became larger than unity. At ps=21
MPa, the ratio {(L,,,) reached 1.7. From the results by use of the material with a lower elastic modulus, i.e., PEEK,
and/or under the operating conditions at high pressure, it would be predictable that these results might be affected by the
elastic deformation of the bearing surface. The prediction will be discussed in the next chapter based on the theoretical
calculation.
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Figure 6. Effect of supply pressure ps on power loss L versus hydrostatic balance ratio ¢ (Experiment, PEEK, Smaooth).
4. Theoretical approach and comparison with experimental data
4.1. Numerical calculations

Theoretical analysis including asperity contact and elastic deformation is performed. The mixed lubrication model
and the basic equations are described in the previous papers (Kazama and Y amaguchi, 1993; 1995b), except mainly for
the equations of elasticity. The reader may refer to these papers for the details. The formulation for infinite elastic
bodies can be found in other papers (Christensen, 1970; Kazama and Yamaguchi, 1997). The determination of the
discharge coefficient of the nozzle is followed by the empirical expression (Hibi, et a., 1971). In the following
calculation the assumptions of no heat generation, i.e., isothermal/isoviscous conditions, concentric loads and the steady
state are made. Theinput data are basically specified by the experimental conditions.



Figures (7) and (8) illustrate the clearance h/H profile, where H is a reference clearance and put H=0, and the
pressure distributions due to asperity pJps and fluid pid/ps, respectively. The surface corresponding to the lower
specimen of the test bearings is assumed to be an infinite elastic body made of bearing steel hardness (SUJ2). As the
supply pressure ps increases, the surface of the bearing deforms like a concave shape as shown in Fig. (7). Such
deformation results in arise of p/ps as given in Fig. (8), which brings about an increase in the hydrostatic |oad-carrying
capacity. Under the condition of ps=55 MPa, the clearance h/H becomes smallest at the outer edge (r/R,=1). Under the
condition of ps=14 MPa, the clearance h/H minimizes and the pressure p,/ps maximizes within the bearing-land. For the
rigid condition, the profile of h/H keeps flat and the distribution of p,/ps remains constant, which are independent of ps.
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Figure 7. Calculated results of clearance h/H profiles of the land in terms of supply pressure ps (SUJ2, Smooth, {=1.5).
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Figure 8. Calculated results of pressure distributions due to asperity-contact p,/ps and fluid pg/ps in terms of supply
pressure ps (SUJ2, Smooth, {=1.5).

4.2. Influence of elasticity of bearing-parts

Figure (9) provides the comparison of the power losses L on the two assumptions of the elastic and rigid bodies. In
the case of the rigid body, as the authors stated before (Kazama and Y amaguchi, 1993, 19954), the power loss changes
sharply and minimizes at the condition of the balance ratio {=1. The mechanism is recalled here that the loss L in (<1,
corresponding to the fluid film lubrication regime, isinvolved mainly by the leakage and L in {>1, corresponding to the
mixed lubrication regime, is by the friction, so that L minimizes at {=1. However, when the bearings consist of elastic
bodies, the parts deform as a concave shape. As the supply pressure ps increases, the power loss L changes gently and
the value of { at which L minimizes becomes larger than unity. In this case, the condition of {(L,) is given at
{(Lmin)=1.3 for ps=55 MPa. Of interest isthat the aspect of the changesin L versus { and the tendency of the effects of
psonL inFig. (9), based on the calculation, are similar with those in Figs. (5) and (6), obtained from the experiment.
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Figure 9. Influence of elagticity of bearing-parts on power losses L (Theory, SUJ2, Smooth).

4.3. Comparison between experimental and theoretical results

In Figures (10) through (12) the power loss L, leakage flow rate Q and the frictional coefficient f obtained from the
experimental and theoretical approaches are compared. In Figure (10) the ratio ¢ (Lyn) a the minimum power loss
shifted to the right with increasing the supply pressure ps. In Figures (11) and (12), as the pressure ps increased, the
leakage Q increased and the ratio ¢ at a sharp increase in the coefficient f became larger. Concerning the changesin L
versus ¢ and the influence of ps on L, Q and f, the calculated results showed relatively good agreement with the
experimental data.

From these results, one can conclude that the effect of elastic deformation is indispensable for the design of oil-
hydraulic pumps/motors operating at high-pressure as well as for the development of tap-water hydraulic pumps/motors
using plastic parts. From the viewpoint of the minimization of the power loss, the optimum ratio { of the hydrostatic
balance is given by a value being greater than unity. In other words, the idea may have the advantage of a reduction in
size. However, the design concept utilized such elastic deformation would not be directly recommended, since the
locally higher solid-contact pressure yields in mixed lubrication, which could cause wear and seizure.
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Figure 10. Comparison of power loss L between experiment and theory in consideration of elastic deformation (SUJ2,
Smooth).
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Figure 11. Comparison of leakage flow rate Q between experiment and theory in consideration of elastic deformation
(SUJ2, Smooth).
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Figure 12. Comparison of equivalent frictional coefficient f between experiment and theory in consideration of elastic
deformation (SUJ2, Smooth).

5. Concluding remarks

The experimental work on the hydrostatic thrust bearings in a wide range varying from mixed to fluid film
lubrication was carried out under the high pressure and load conditions, using metalic and plastic specimens. The
influence of elastic deformation on the bearing characteristics and the optimum conditions was examined
experimentally and theoretically. The experimental data indicated that the frictional coefficient increased at a larger
hydrostatic balance ratio and the ratio where the power loss minimized exceeded unity when the supply pressure was
higher or the bearings consisted of plastics. Asthe roughness was smaller, the elastic effects also became noticeable.

In paralel, the theoretical study by use of the mixed lubrication model considering elasticity of the bearing parts
was conducted. The lubrication model based on the GW model and the PC model, including the elastic deformation as
well as adsorbed films, was derived and was solved numerically under the experimental conditions. The theoretical
solutions suggested that as the supply pressure increased and/or the elastic modulus decreased, the sealing land of the
bearings deformed as a concave shape. The deformation resulted in an increase in the fluid pressure and the hydrostatic
load-carrying capacity. As a result, the deformation led to the fact that the hydrostatic balance ratio where the power
loss minimized exceeded unity for elastic bearings, whereas the ratio aimost equaled unity for rigid bearings. The
calculated results based on the present model helped explaining the mechanism and showed a good agreement with the
experimental data.
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