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Abstract. A comparative analysis of thermodynamic performance between reciprocating and rolling piston 
compressors is carried out for household refrigeration. The models adopted to simulate each compressor are based on 
an integral formulation, resulting in a set of ordinary differential equations that are solved using a time explicit Euler 
method. The numerical predictions were validated through comparisons with experimental data for each compressor, 
obtained in a calorimeter experimental facility. Another important aspect of the work was the optimization of each 
compressor according to the refrigeration conditions chosen for the analysis. Results for valve dynamics, refrigerant 
leakages, pressure and temperature along the compression process are used to assess energy losses in the suction, 
compression and discharge processes, allowing estimates of isentropic efficiency and volumetric efficiency for each 
compressor. The reciprocating compressor was seen to return the best isentropic efficiency due to low levels of energy 
losses. The performance of the rolling piston compressor was seen to be affected to a great extent by excessive gas 
leakage, which drastically reduces its isentropic and volumetric efficiencies. 
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1. INTRODUCTION 

 
The role of the compressor in a refrigeration system is to supply the required mass flow rate of refrigerant and to 

establish the pressure difference between the condensing and evaporating lines. Compressors can be divided into two 
main groups: roto-dynamic (centrifugal, axial, radial, etc) and positive displacement (reciprocating, rotary, scroll, 
screw, etc). A roto-dynamic compressor subjects a steadily flow of gas to forces that result in a continuous rise in 
pressure. Positive displacement compressors take in an amount of gas and trap it inside a volume that is diminished by 
deformation. In this process, the pressure rises and when it reaches a certain value the gas is pushed out against the 
pressure in the discharge chamber. Hence, opposite to what happens in a roto-dynamic compressor, the flow in a 
positive displacement compressor occurs in pulses. An interesting review about the stage of development of different 
types of compressors was presented by Pearson (1999). 

Several parameters have to be considered in the design of a competitive compressor for refrigeration purpose, such 
as energy consumption, environmental impact and manufacturing cost. Reciprocating compressors have been a common 
choice for a wide range of refrigerating applications, but recent development in manufacturing techniques and materials 
are allowing the production of other types of compressors for situations not considered before. This paper presents a 
comparative analysis between reciprocating and rolling piston compressors, considering their thermodynamic 
performance for household refrigeration. 

Very few investigations have considered comparisons between different types of refrigeration compressors. Ozu and 
Itami (1981) investigated, both theoretically and experimentally, the rolling piston compressor and the reciprocating 
compressor applied to air conditioning. They found that despite its higher mechanical losses, the rolling piston 
compressor offers the best overall performance because of its higher volumetric efficiency and lower thermodynamic 
losses in valves, the latter made possible by longer time intervals for the suction and discharge processes. Collings et al. 
(2002) carried out a theoretical analysis of the performance of three types of compressor (scroll, rolling piston and 
reciprocating) for CO2 as the refrigerant fluid. Concerning the reciprocating compressor, the authors observed a great 
potential for leakage blockage but also a very high torque needed for the compression cycle. None of the mechanisms 
could offer the best performance in all aspects (energy consumption, leakage blockage and torque), implying that 
further development is still required to allow an optimum compressor design for CO2.   

The contribution of this paper is to provide a thermodynamic analysis of reciprocating and rolling piston 
compressors applied to domestic refrigeration, in the capacity range between 60 and 250 W. The emphasis of the study 
is to identify the main advantages and drawbacks of each compressor, through a detailed investigation of their 
thermodynamic losses. 
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2. MATHEMATICAL MODELS 
 

Soedel (1974) describes a generalized integral formulation to simulate positive displacement compressors, 
demonstrating that the main phenomena during the compressor operation may be modeled by coupling four systems of 
equations: (i) equations for variations of geometric parameters as a function of the  motor shaft angle; (ii) equations to 
evaluate the refrigerant thermodynamic properties, such as pressure and temperature, in the compression chamber; (iii) 
equations to estimate mass flow rate in different parts of the compressor, including leakage through clearances and (iv) 
equations to describe the dynamics of valve systems. Results of such equations for pressure, temperature, mass flow 
rate through suction and discharge systems and leakages are used then to characterize the compressor performance. 

 
2.1. Reciprocating compressor 

 
A schematic view of a reciprocating compressor is given in Fig. 1. This type of compressor possesses a compression 

chamber defined by a reciprocating motion of a piston inside a cylinder. When the piston moves towards the bottom 
dead center (BDC), it reaches a position where low pressure vapor is drawn in through the suction valve, which is 
opened automatically by the pressure difference between the cylinder and the suction chamber. The vapor keeps 
flowing in during the suction stroke, filling the cylinder volume with vapor at suction pressure. After reaching the BDC, 
the piston starts to move in the opposite direction, the suction valve is closed, the vapor is trapped inside the cylinder 
and its pressure rises as the cylinder volume decreases. Eventually, the pressure reaches the pressure in the discharge 
chamber and the discharge valve is forced to open. Even after the opening of the discharge valve, the piston keeps 
moving towards the top dead center (TDC). The suction and discharge processes do not take place at constant pressure, 
due to the valve dynamics and flow restriction imposed by the valve passage areas. 
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Figure 1. Schematic of a reciprocating compressor. 
 
The integral formulation adopted in this study to simulate the compressor is a version of the code proposed by 

Ussyk (1984). The code accounts for piston displacement as a function of crankshaft angle, the thermodynamic process 
inside the cylinder, mass flow rate through the valves, valve dynamics, gas pulsation inside the mufflers and refrigerant 
thermodynamic properties. Several parameters are calculated during the compressor cycle, such as instantaneous 
pressure throughout the compressor, mass flow rate, valve dynamics, energy and mass losses, refrigerating capacity, etc.  

The compression chamber volume for a certain crankshaft angle, V(θ), is given by the instantaneous position of the 
piston, y(θ), the cylinder diameter, Dcil, and the dead volume, Vm: 

 

mcil Vy/DV += )()4()( 2 θπθ  (1) 
 

Based on the energy conservation, the following equation can be written for the energy inside the cylinder: 
 

QW/pem/pem/pemem
dt
d

clcloutoutinin
&&&&& +++−+−+= )()()() ( ρρρ  (2)

 
where e and m are, respectively the specific energy and mass of the refrigerant inside the cylinder. On the other hand, W&  
represents the work between piston and gas. In order to evaluate Eq. (2), mass flow rates through valves, outin mm &&  and , 
and across clearances, clm& , must be evaluated. The heat transfer between the gas and the compression chamber walls, 

Q& , is expressed as: 
 



Proceedings of COBEM 2007 19th International Congress of Mechanical Engineering 
Copyright © 2007 by ABCM November 5-9, 2007, Brasília, DF 

 

)TT(AhQ wtc −=  &  (3) 
 

where hc is the convective heat transfer coefficient, At is the instantaneous heat transfer area, Tw is the chamber wall 
temperature and T is the gas temperature. Prata et al. (1992) verified that the most appropriate correlation to evaluate 
the heat transfer coefficient Hc in the compression chamber of reciprocating compressors is that proposed by Annand 
(1963). 

By manipulating equation (2) and assuming that inside the cylinder only the internal energy is relevant, the 
following equation can be derived for the gas temperature variation: 
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The mass flow rates, jm& , presented in the above equation are associated with leakage through the clearance between 

the piston and cylinder and with flow through the valves. The former is evaluated by assuming the presence of pure 
refrigerant in the clearance, according to a model presented by Lilie and Ferreira (1984). The mass flow rate through 
valves is evaluated from data for effective flow area, Aee. For a certain pressure drop, Aee expresses the ratio between the 
actual mass flow rate, m& , and the theoretical value given by an isentropic flow condition. Therefore, 
 

k/k
s

k/
supupee rrRTk/kpAm )1(2  ])1[(2 +−−=&  (5)

 
where pup and Tup denote pressure and temperature of the flow upstream, k is the specific heat ratio, R is the refrigerant 
gas constant and rs is the pressure ratio between the cylinder and discharge/suction chamber. Naturally, values for pup, 
Tup and rs vary according to the flow condition through the valve (i.e., subsonic or sonic) and also with the flow 
direction. 

The dynamics of reed valves adopted in reciprocating compressors can be expressed in a simplified way, by using a 
one-degree-of-freedom model: 
 

xmxCxKF vvvv &&& =−−  (6)
 
where x, x& and x&&  are, respectively, the lift, velocity and acceleration of the reed valve. On the other hand, Fv is the 
resulting force on the valve, originated by the flow induced pressure distribution the reed valve, oil stiction and valve 
pre-load. In the present investigation, the latter two contributions were not included. The valve stiffness and damping 
coefficients, Kv and Cv, respectively, as well as the valve mass, mv, are determined experimentally. The force, Fv, 
resulting from the pressure distribution on the reed surface is obtained with reference to the effective force area, Aef, 
which is determined from the pressure difference across the valve, Δpv, according to Aef = Fv/Δpv. The effective force 
area can be understood as a parameter related to how efficiently the pressure difference Δpv opens the valve.  
 
2.2. Rolling piston compressor 

 
The rolling piston compressor is composed by a compression chamber and a suction chamber operating 

simultaneously, separated from each other by a rolling piston and a contact vane, as illustrated in Fig.2. During the 
suction part of the cycle, refrigerant gas is drawn through a suction port into the suction chamber as its volume is 
increased. At the same time, the compression and discharge processes take place in the decreasing volume on the 
opposite side.  

Padhy and Dwivedi (1994) presented a simulation methodology for rolling piston compressors, based on mass and 
energy conservation equations, with a correlation for estimating the heat transfer between the refrigerating fluid and 
solid walls in different parts of the compressor.  

Equations for the instantaneous volumes of the compression and suction chambers are required to simulate the 
rolling piston compressor. For instance, the compression chamber volume can be determined from the following 
relationship: 

 
( ) ( ) ( )θθθ bsctcc VVVV −−=  (7) 

 
In the above equation, Vt, Vsc and Vb are, respectively, the total volume of gas inside the compressor, the suction 
chamber volume and the volume occupied by the vane. Such volumes can be expressed through the following 
relationships: 
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where Rc and Hc are the radius and the height of the fixed cylinder. On the other hand, Rpi is the internal radius of the 
rolling piston, Rb is the radius of the vane tip and Bb is the vane thickness. Finally, Dod and Hod are the diameter and 
height of the discharge orifice, whereas e is the eccentricity and θ  is the shaft angular position. The volume V4 (= A4 
Hc) appearing in Eqs. (8) and (10) corresponds to the volume formed between the contact vane and the rolling piston, as 
identified in Fig. 2. 

The rate of volume variation can be obtained from: 
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Figure 2. Schematic view of a rolling piston compressor. 
 

The rolling piston requires a discharge valve only, since the suction and discharge chambers are separated from each 
other. As a consequence, a valveless orifice is the only restriction to the refrigerant intake. The same concept of 
effective flow area described for reciprocating compressor is adopted to determine the mass flow rate in the discharge 
valve, whereas a classical relationship for orifice is used for the suction process. The discharge valve dynamics is 
solved accordingly with the procedure already explained for the reciprocating compressor.  

Internal gas leakage is a very important aspect that must be considered in the analysis of rolling piston compressors, 
due to the presence of many clearances in the compressor. Such leakages reduce the mass flow rate of refrigerant 
supplied by the compressor to the system, deteriorating the refrigerating capacity. The main contributions to the gas 
leakage can be summarized as follows: i) leakage through the minimum radial clearance between rolling piston and 
cylinder; ii) leakage through the clearance between vane and cylinder; iii) leakage across the lateral clearance between 
rolling piston and bearings; iv) leakage between the discharge and suction chambers through the vane lateral clearance.  

The leakage through the minimum clearance in rolling piston compressor is the main contribution for the internal 
mass flow loss, may accounting for almost 70% of the total internal gas leakage. In the present analysis the model 
proposed by Ferreira et al. (1992) for the oil leakage through the minimum clearance has been adopted:  

 
50402

omc ]/][)/( [ 01620 .
mccmcoleomc HP.m δμδρδμ Δ=&  (12) 

 
where δmc is the minimum clearance between the rolling piston and the cylinder. Then, based on data for absorption of 
refrigerant vapor in the lubricant oil, w, an estimate for the refrigerant leakage is obtained as: 

 
omcgmc mwm && =  (13) 

Rolling piston 

Fixed cylinder 
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Leakage through the slot between the vane and cylinder surfaces is evaluated by considering a steady laminar flow 

between two parallel plates: 
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where δvc, U, L and μ are, respectively, the clearance between the vane and the cylinder, the vane velocity, the vane 
length and the oil viscosity. The pressure drop ΔP corresponds to the difference between the discharge pressure, Pd, and 
the pressure inside the suction or discharge chambers, Pc, depending on which chamber is being considered.  Again, 
based on the absorption of refrigerant vapor in the lubricant oil, w, an estimate for the gas leakage through the clearance 
can be evaluated. 

The oil leakage between the piston and bearings is determined by considering a steady incompressible laminar  
flow between two parallel disks (Krueger, 1988), resulting in the following relationships for the oil mass flow rate to the 
suction and compression chambers:  
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where δp is the axial clearance between the vane and the cylinder. The refrigerant mass flow rate is determined by using 
data for the absorption of refrigerant vapor in the lubricant oil, w. 

Finally, the leakage across the clearance between vane and bearings is estimated through the hypothesis of 
isentropic compressible flow of a perfect gas in a convergent-divergent nozzle. The assumption of absence of oil in that 
region has been confirmed by experimental observation. Therefore, an expression similar to Eq. (5) can be used to find 
the refrigerant leakage between the compression and suction chambers. No leakage is considered through the contact 
line formed between the vane and the rolling piston, since both surfaces are in permanent contact throughout the whole 
compressor cycle.  

With known values for mass flow rate through valves and due to leakages, the gas mass variation in each chamber 
can be evaluated. Then, in a similar approach adopted for the reciprocating compressor, the energy equation is used to 
evaluate the refrigerant thermodynamic properties in the suction and discharge chambers. Following Liu and Soedel 
(1992), wall heat transfer is evaluated from distinct relationships for each chamber. 
 
3. NUMERICAL SOLUTION METHODOLOGY 

 
The differential equations required to describe the thermodynamic processes in the compressors are numerically 

solved through an explicit Euler method. The solution procedure is repeated for a number of compression cycles and 
convergence is assessed by examining whether the compressor operation conditions are cyclically repeated. 

For a meaningful comparison of different compressors it is of fundamental importance that they are optimized for 
each refrigerating capacity analyzed. In this regard, an optimization procedure for each compressor was developed 
using the commercial software modeFRONTIER. The structure of this procedure can be divided into four parts: i) input 
data for compressor geometric parameters, main clearances, valve characteristics, refrigerating capacity, refrigerant 
fluid and lubricating oil; ii) compressor simulation models, as detailed in the previous section; iii) optimization 
algorithm; iv) output data on variables needed for the analysis, such as the isentropic efficiency. The genetic algorithm 
adopted for the compressor optimization selects and combines parameters that offer the best energy efficiency for a 
certain refrigerating capacity, respecting a number of restrictions imposed by the compressor design.  

An important simplification in the present study was to assume the refrigerant temperature at the suction chamber to 
be 57.8 oC for all compressors. Hence, the gas superheating throughout the suction muffler is not evaluated. 
Additionally, the pressure pulsation in the suction chamber caused by the propagation of pressure waves was also 
neglected. Therefore, the analysis is directed to thermodynamic losses associated with the compression process itself, 
represented by losses due to refrigerant leakage, valve restriction and residual mass at the end of each compression 
cycle.   
 
4. RESULTS 

 
A first step in the present analysis was to validate the numerical simulation methodology, through comparisons of 

predictions with experimental data. For this purpose, two commercially available compressors were selected: i) 
reciprocating compressor ( Q& e= 155 W, LBP condition, R600a, 50 Hz); ii) rolling piston compressor ( Q& e= 2,052 W, 
HBP condition, R22, 60 Hz). All tests were conducted in a calorimeter facility, in which the uncertainty associated with 
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the measurements are + 2 % for refrigerating capacity, mass flow rate and power consumption. On the other hand, 
measurements of thermodynamic losses have an uncertainty of + 2 %.  

As Tab. 1 and 2 show, there is a good agreement between experimental and numerical results for the reciprocating 
and rolling piston compressors. Differences are seen to be in the range of + 3% for global quantities, such as the 
refrigerating capacity, Q& e, and compression power, W& pV , and + 10% for energy losses in the suction and discharge 

processes, W& s andW& d.  
 
Table 1 - Experimental data and numerical prediction for reciprocating compressor performance; CECOMAF condition. 

(Tevap. = -25oC, Tcond. = 55 oC, Tsup. = 32.2 oC and Tsub. = 55 oC). 
 

 Q& e W& pV W& d W& s 

Exp. data 154 88.4 4.0 5.4 

Prediction 155 (0.6%) 85.3 (-3.5%) 3.8 (-5.0%) 4.6 (-14.8%) 
 

Table 2 - Experimental data and numerical prediction for rolling piston compressor performance; ASHRAE condition. 
(Tevap. = 7.2 oC, Tcond. = 54.4oC, Tsup. = 32.2oC and Tsub. = 32.2oC). 

 

 Q& e W& pV W& d W& s 

Exp. data 2,148 508 8.2 12.9 

Prediction 2,082 (-3.1%) 506 (-0.4%) 8.2 (0.0%) 14.3 (10.9%) 
 
After validating the simulation procedure, the work was directed to the comparative analysis of the compressors for the 
following LBP condition: evaporating and condensing temperatures (Tevap and Tcond) of -23.3oC and 54.4oC, 
respectively, with subcooling and superheating of 32.2 oC. The compressors were analyzed for three refrigerating 
capacities (60, 150 e 250 W), with a fixed rotation speed of 50 Hz and the R600a as the refrigerant fluid.  

In all simulations of the rolling piston compressor, temperatures at the solid walls and lubricating oil temperature 
were prescribed with reference to measurements carried out by Puff (1990). In the case of the reciprocating compressor, 
experimental data for temperature at different components of the compressor were supplied by EMBRACO.  

Figure 3(a) shows the isentropic efficiencies of both compressors as a function of the refrigerating capacity. As can 
be seen, the reciprocating compressor offers the best performance in all capacities, with the isentropic efficiency being 
22% to 50% higher than that of the rolling piston. A similar characteristic verified for the two compressors is the 
increase of the isentropic efficiency with the refrigerating capacity, particularly for the rolling piston compressor when 
the capacity is varied from 60 W to 150 W.  

Figure 3(b) presents results for volumetric efficiency. The reciprocating compressor is always affected by the 
presence of an amount of refrigerant at discharge pressure left inside the cylinder, since a gap between the piston and 
cylinder head is necessary. The dead volume resulting from such a clearance may account for up to 5 % of the total 
cylinder volume and is the main source of volumetric inefficiency of the reciprocating compressor. Therefore, as the 
piston moves downwards, the refrigerant in the clearance is initially re-expanded, causing a delay in the opening of the 
suction valve. Hence, instead of taking in a volume of vapor equal to the cylinder volume, a smaller volume of gas is 
drawn from the suction chamber, reducing the compressor volumetric efficiency.  

In the rolling piston compressor, a residual mass is also present due to a remaining volume in the compression 
chamber, added to fixed contributions of the discharge orifice and of the volume V4 formed between the vane tip and the 
piston. At the end of the compression process, the residual mass is expanded to the suction chamber, reducing the 
volume of refrigerating fluid that can be draw in, which affects the compressor volumetric efficiency. Figure 3(b) shows 
that the volumetric efficiency of the rolling piston compressor increases considerably with the refrigerating capacity and 
is even greater than that of the reciprocating compressor for Q& e= 250 W.  

The effects caused by the dead volume are quite different on the reciprocating and rolling piston compressors. 
Whereas in the former the main consequence is a decrease in the volumetric efficiency, in the rolling piston compressor 
there is also a great impact on the isentropic efficiency. This can be explained by remembering that the energy supplied 
to the residual mass during the compression process cannot be returned to the shaft; in fact, the energy is completely 
lost through leakages. This inconvenient aspect of the rolling piston compressor will be explored in further details 
shortly. 

It should be mentioned that other aspects also affect the compressor efficiency, such as heat transfer between the 
refrigerant and the cylinder wall, throttling in valve ports, gas leakage through the clearance between the piston and the 
cylinder, backflow in the valves, etc.  
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Figure 3. Results for isentropic and volumetric efficiencies. 
 

Table 3 presents the main mass losses for the rolling piston and reciprocating compressors, and their effect on the on 
the volumetric efficiency. The highest level of leakage is found for the rolling piston compressor, with an average value 
corresponding to approximately 27% of the ideal mass flow rate. Such levels of leakage require a volume displacement 
considerably greater than that theoretically needed for a certain refrigerating capacity. The main leakage path is that 
across the minimum radial clearance between the rolling piston and the cylinder, being responsible for half of the total 
leakage. For the reciprocating compressor the leakage is very small (~ 1%). On the other hand, the dead volume is 
responsible for a loss of 23% of the mass the reciprocating compressor could theoretically provide to the system. No 
dead volume loss is indicated in Tab. 3 for the rolling piston compressor because any residual mass in the compression 
chamber is lost through leakage. 

The leakage mass flow rate is affected by the pressure difference throughout the clearance and also by the flow 
passage area created by the clearance. For a given refrigeration condition, the aforementioned pressure difference will 
be constant, regardless of the compressor capacity. Therefore, as the compressor size decreases the same should occur 
with the leakage, since the flow passage area becomes smaller. Nevertheless, the area available for leakage does not 
decrease proportionally with the compressor capacity and the effect on the volumetric efficiency is even worse for small 
refrigerating capacities. It should be mentioned that other parameters that affect the refrigerant leakage, such as oil 
viscosity and absorption of refrigerant vapor in the oil, were kept constant in the present analysis.  

Table 3. Results for mass loss and volumetric efficiency. 

Q& e = 60 W Q& e = 150 W Q& e = 250 W 
 

Recip. R.Piston Recip. R.Piston Recip. R.Piston 

Dead volume mass loss (DVL) idealdv mm &&  23.1 --- 23.0 --- 22.0 --- 
Leakage mass loss (LL) idealleak mm &&  1.6 36.1 1.0 25.1 0.8 20.1 
Remaining mass losses (RL) idealothers mm &&  2.2 0.2 2.4 0.0 4.6 0.0 
Vol. efficiency with DVL dvl,vη [%] 76.9 --- 77.0 --- 78.0 --- 
Vol. efficiency with LL and RL llrl,vη [%] 88.1 55.6 88.5 66.8 86.5 71.8 
Overall volumetric efficiency vη [%] 67.7 55.6 68.1 66.8 67.5 71.8 

 
Table 4 shows thermodynamic losses associated with the suction, compression and discharge processes of both 

compressors. The results show that a much larger energy loss occurs in the compression process of the rolling piston 
compressor. It will be shown that this is due to high levels of gas leakage, which dissipate the energy supplied during 
the gas compression. Therefore, leakage in the rolling piston affects both the volumetric efficiency and the isentropic 
efficiency, making it difficult to design a competitive compressor for small refrigerating capacities. 

The energy losses in the suction and discharge systems also affect the compressor efficiency and vary according 
with the compressor type. Because no suction valve is used in the rolling piston, the energy loss is caused exclusively 
by the flow restriction of the suction orifice, which only becomes considerable for much larger capacities. For the 
reciprocating compressor there are two additional effects that act to increase the energy loss in the suction process: i) 
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the use of a reed valve and ii) the short time interval available for the suction process. In addition to the fact of not 
having a suction valve, the rolling piston compressor has a longer time interval for the suction process, resulting in 
negligible energy loss during the gas intake.    

The reciprocating compressor and the rolling piston compressor analyzed in this study require a discharge valve and, 
therefore, the valve dynamics is a common parameter that affects their discharge energy loss. Any difference in the 
valve performance of both types of compressor should be explained by the following aspects: i) discharge orifice flow 
passage area; ii) valve constructive parameters, such as mass and stiffness, and iii) time available for the discharge 
process. Naturally, the larger is the valve passage area the smaller will be the energy loss, if the valve dynamics is 
satisfactory. On the other hand, for a certain capacity, the velocity levels in the valve and, as consequence, the energy 
losses are reduced when the time available for the discharge process is increased. The discharge valve system optimized 
for the reciprocating compressor in this study adopts multiple orifices, with a flow passage area between fifteen and 
thirty times larger than that which could be designed for the rolling piston compressor. As a consequence, even though 
the time interval for the discharge process in the rolling piston compressor is twice that of the reciprocating compressor, 
it is sufficient to offset the negative effect of its small valve area, as cab seen in Tab. 4.  

 
Table 4. Results for energy losses and isentropic efficiency. 

Q& e = 60 W Q& e = 150 W Q& e = 250 W  
Recip. R.Piston Recip. R.Piston Recip. R.Piston 

Compression energy loss indsef W)WW( −  10.2 39.1 8.9 26.7 8.4 23.3 
Suction energy loss indsuc WW  0.8 0.0 0.9 0.0 0.8 0.1 
Discharge energy loss inddes WW  0.4 1.9 0.4 2.5 0.4 2.6 
Isentropic efficiency sη  88.5 59.0 89.8 70.7 90.4 74.0 

 
Table 5 was prepared to help explain the influence of leakage on the rolling piston compressor performance, by 

providing results of volumetric and isentropic efficiencies for the cases with and without leakage. As can be observed, 
in the presence of leakage the compression loss corresponds to approximately 39% of the total energy consumption, 
considering a refrigerating capacity of 60 W. However, if no leakage was present, the energy loss would drop to just 
4.2%. Therefore, the reduction of gas leakage is a crucial measure to improve not only the volumetric efficiency of 
rolling piston compressors, but also their isentropic efficiency. As suggested by results in Fig. 3, the relative importance 
of leakage in the rolling piston compressor decreases as the refrigerating capacity becomes larger. 

Table 6 shows results for the reciprocating compressor performance, with and without the presence of dead volume. 
It can clearly be seen that, despite having a great impact on the volumetric efficiency, the dead volume has virtually no 
influence on the isentropic efficiency, sη . The reason is that during the gas re-expansion in the reciprocating 
compressor, nearly all the energy used to compress the residual mass is returned to the crankshaft mechanism through 
the work of a pressure load on the piston. Naturally, this does not occur in the rolling piston compressors because any 
residual mass is lost through leakage and the energy supplied in its compression cannot be returned to the shaft. The 
small difference observed in Tab. 6 for sη can be attributed to the valve dynamics, which may change with the dead 
volume, affecting energy losses in the suction and discharge processes. 

 
Table 5. Gas leakage effect on the rolling piston compressor performance ( Q& e = 60 W). 

 
 with gas leakage without gas leakage 
Volumetric efficiency [%] vη  55.6 85.7 
Compression loss [%] indsef WWW )( −  39.1 4.2 
Isentropic efficiency [%]                          sη  59.0 95.1 

 
 

Table 6. Dead volume effect on the reciprocating compressor performance ( Q& e = 60 W). 
 

 with dead volume without dead volume 
Volumetric efficiency [%] vη  67.7 89.4 
Compression loss [%] indsef WWW )( −  10.2 9.1 
Isentropic efficiency [%]                              sη  88.5 89.8 
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5. CONCLUSIONS 
 

This paper presented a thermodynamic analysis of two types of positive displacement compressors (reciprocating 
and rolling piston) applied to domestic refrigeration. The numerical predictions were validated through comparisons 
with experimental data for each compressor, obtained in a calorimeter experimental facility. The comparison was made 
possible through an optimization of each type of compressor for the refrigeration conditions chosen for the analysis. 

 The rolling piston compressor was found to have the lowest energy loss in the suction process because its passage 
area and time interval for the gas intake are greater than those associated with the reciprocating compressor. Although 
the discharge process in the rolling piston compressor occurs also in a longer time interval longer, the smaller valve 
passage area returns the highest energy loss.  

The study identified the dead volume as the main responsible for mass loss in reciprocating compressors. However, 
it could be noted that such mass loss does not contribute to energy loss. For this reason, the reciprocating compressor 
was found to return the highest isentropic efficiency in all refrigerating capacities investigated. The performance of the 
rolling piston compressor was seen to be affected to a great extent by excessive gas leakage, which drastically reduces 
its volumetric efficiency at small refrigerating capacities. Moreover, the residual mass considerably decreases its 
isentropic efficiency, because the energy supplied to the gas during the compression process is not returned to the shaft, 
as it occurs with the reciprocating compressor. 
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