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Abstract. The increasing interest for less polluting energy sources has motivated the use of natural gas as an 
alternative fuel for internal combustion engine vehicles. The present paper addresses the development of a two-
dimensional numerical model to simulate a spark-ignition engine fuelled by a stoichiometric mixture of air and 
methane. The main objective is the analysis of physical phenomena related to the in-cylinder fluid dynamics, heat 
transfer and combustion. In this respect, results are provided for velocity, turbulence intensity, temperature and 
pressure fields. The effects of the engine operation parameters on the engine performance is assessed through 
predictions of indicated power, torque and specific fuel consumption as well as  volumetric and thermal efficiencies. 
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1. INTRODUCTION 
 

Natural gas is a widely used alternative fuel for internal combustion engines, both in automotive and stationary 
power generation. From fossil fuels, natural gas has, in average, the largest hydrogen-to-carbon ratio. In this respect, for 
the same amount of energy provided, natural gas emits the lowest amount of carbon dioxide from fossil fuel 
combustion. Das et al. (2000) show that, in a comparison to gasoline, natural gas emits 15% less CO2 for the same 
amount of heat produced. Also, Akansu et. al (2004) mention the excellent properties of the natural gas fuel, besides its 
large worldwide reserves, estimated in 1.498 × 1014 m3. 

Because of the aforementioned advantages, many studies have addressed the use of natural gas as an alternative fuel 
for internal combustion engines. Among many experimental studies, Johansson et al. (1995) have investigated 
experimentally the use of different types of cylinder heads for natural gas engines. Das et al. (2000) conducted a 
comparative investigation between compressed natural gas and hydrogen fueled engines in terms of thermal efficiency, 
mean effective pressure and specific fuel consumption for a four-stroke mono-cylinder engine. The results showed that 
the brake specific fuel consumption is reduced and brake thermal efficiency improved when hydrogen is used. Use with 
compressed natural gas resulted in 27.59% thermal efficiency, while use with hydrogen resulted in a 31.19% brake 
thermal efficiency. 

Numerical simulations have also been developed addressing several issues. Among many others, Cartellieri et al. 
(1994) investigated numerically the fluid dynamics and combustion of a 9.6 liters internal combustion engine working 
with three different types of cylinder head. The results showed the influence of the mean velocity, turbulent kinetic 
energy, and other parameters on the overall engine performance. Zhang et al. (1998) investigated the effect of swirl, 
combustion chamber geometry and spark-plug location on the combustion rate and overall performance of a 2.2 and a 
4.3 liters engine. The numerical results were compared to measurements and a good agreement was found. Thobois et 
al. (2003) analyzed numerically using a two-dimensional axisymmetric simulation, an engine operating with three 
different compositions of natural gas and also with iso-octane. The authors used correlations for the natural gas laminar 
flame speed to obtain the performance of a 1,750 cm3 engine working with two different compression rates. Among the 
results obtained are combustion rate, in-cylinder pressure, turbulence intensity and indicated mean effective pressure. 

The main goal of this work is to simulate numerically a small size spark-ignited internal combustion engine fuelled 
by natural gas. Methane gas is the major component of natural gas and more than 90% in volume of natural gas in 
Brazil and other countries is methane (Weaver, 1989). Since the low heating value of methane is similar to other 
hydrocarbons, the assumption of modeling natural gas as methane is a good approximation from the energy release 
point of view. However, it must be emphasized that small additions of larger hydrocarbons have a strong effect on the 
ignition behavior of natural gas (Westbrook et al., 2005). Here, natural gas is modeled as pure methane and the ignition 
is treated through a simplified model, which does not take into account the presence of other constituents. A two-
dimensional axisymmetric model is used and the full set of transient conservation equations for mass, momentum, 
energy and mass of chemical species is solved. A k-ε model is used for turbulence and an eddy-dissipation concept is 
used to model the methane combustion. The engine block is assumed isothermal and the engine is assumed to admit and 



discharge in constant pressure plenums. The commercial code Fluent (Fluent Inc., 2006) is used for the numerical 
solutions. The numerical predictions are compared to other results available in the literature. 

 
2. PROBLEM FORMULATION 
 
2.1. Geometry 

 
The main cylinder dimensions and other engine characteristics are listed in Table 1. The model for the intake, 

cylinder and exhaust systems rely on an axisymmetric two-dimensional approximation. In this model, the intake and 
exhaust valves are aligned with the axis of the cylinder. Both the cylinder and piston heads are plane and parallel.  The 
intake aperture is positioned in the cylinder head, while the exhaust aperture is positioned in the piston head.  The piston 
surface moves following a path prescribed by the crank axis rotation. The intake and exhaust valves move following 
prescribed polynomial functions, which model a fixed valve command. The spark plug is located in the center of the 
intake valve surface. Intake and exhaust valves are connected to constant pressure reservoirs (plenum). An intake 
plenum, the intake valve runner, the intake valve aperture, the cylinder, the exhaust valve aperture, the exhaust valve 
runner and the exhaust plenum then form the computational domain. Figure 1 shows a rendering of the computational 
domain.  

 
Table 1. Main cylinder dimensions and other engine characteristics. 

 
Bore B 79.5 mm  Compression ratio r 10:1 
Stroke L 80.5 mm  Displacement  Vd 0.4 cm3 
Connecting rod length a 129.025 mm  Valves diameter D 30.0 mm 
Crank radius R 40.25 mm  Valves lift l 10.0 mm 

 
This is an overly simplified model in terms of geometry even when compared to a laboratory engine. However, the 

model reproduces the main aspects that define the flow, reaction and heat transfer in an internal combustion engine. The 
valve runner and aperture, with the periodic motion of the valve surface reproduces the flow conditions at intake and 
exhaust in an internal combustion engine. The flow accelerates during intake and produces swirl and tumble movements 
of the charge inside the cylinder during admission. Once the valves are closed, the piston movement compresses the 
mixture and the spark-plug reproduces a central spark in the combustion chamber. Piston movement is allowed during 
expansion producing the expansion work. Once the exhaust valve is opened, blowdown and scavenging exhaust are 
reproduced. Then, the model, as it will be shown, reproduces the main aspects of fluid mechanics, combustion and heat 
transfer during engine operation being able to recover, in a fundamental level, the effects of engine operation 
parameters in performance. The major advantage of assuming the axisymmetric model is the reduction of computational 
time when compared to a fully three-dimensional model. This allows for the modeler to run fast a large number of 
simulations. The time spent in each simulation will be discussed later. Finally it is worth nothing that extension to a 
more geometrically realistic three-dimensional model is just a mater of defining the geometry, deploying grid and using 
more computational power and CPU time. 

 

 
 

Figure 1. Rendering of the domain for the numerical simulations. 
 
2.2. Governing equations 
 

The chemical reaction is modeled as a global, one-step, chemical kinetic mechanism, with five chemical species. 
The mechanism, presented in Eq. (1) for a stoichiometric combustion of methane with standard dry air, describes 
methane oxidation to create carbon dioxide and water vapor. Nitrogen is assumed inert. 

 
( ) 222224 52,7276,32 NOHCONOCH ++→++  (1) 
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The fluid dynamic, for an inertial frame of reference, is modeled with the conservation equations of mass and 

momentum coupled with the conservation equations for thermal energy and mass of chemical species and a state 
equation for the gas (ideal gas behavior is assumed). Turbulence is modeled using the eddy viscosity concept through 
transport equations for the turbulent kinetic energy and the rate of viscous dissipation. The conservation equations are 
written in terms of Reynolds averages for ρ and p and Favre averages for the other variables (Peters, 2000). Here, for 
convenience, the average notation is suppressed in the conservation equations. The equation for conservation of mass is: 
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where ρ is the specific mass and U is the velocity vector. 

The conservation equation for the linear momentum, neglecting body forces, is written as: 
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where P is the pressure, μ is the molecular dynamic viscosity and ji 'u'uρ  is the Reynolds stress tensor, which can be 
modeled according to: 
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where μt is the turbulent viscosity and k is the kinetic energy. 

The conservation equation for the mass of the chemical species i is written as: 
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where Yi is the mass fraction of species i, Di,m is the molecular diffusion coefficient for species i in the mixture and Ri is 
the species production rate by chemical reaction. The species turbulent flux in Eq. (5) is modeled according to: 
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where Sct is the Schmidt turbulent number. 

The conservation equation for the thermal energy is given by: 
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where hi is the enthalpy for each chemical species i, τij is the viscosity stress tensor and Sh is the source term that 
includes heat generated by other volumetric heat sources. The energy generated by combustion is already included in 
the mixture enthalpy, when a certain mass of reactants is transformed in products by chemical reaction. The enthalpy 
turbulent flux in Eq. (6) is modeled as: 

 

( )
i

effpji x
Tkc'u'h
∂
∂

−=− μαρ  (7) 

 
where μeff is the effective viscosity.  
 
 



Using the RNG k-ε turbulent model, this viscosity can be written as: 
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The turbulent transport equations for kinetic energy k and dissipation rate ε are defined, respectively, as: 
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where σk, σε, C1ε and C2ε are constants equal to 1.0, 1.3, 1.44 and 1.92, respectively. In Eq. (9) and (10), S is the module 
of the mean stress tensor, calculated by: 
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and μt is the turbulent viscosity, calculated by: 
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where Cμ is a constant equal to 0.09. 

The chemical reaction rate for species i is strongly non-linear and depends on local temperature and concentrations. 
To model the reaction rate, a chemistry-turbulence interaction mechanism is used and an average reaction rate is 
obtained. Here, the EDC (Eddy-Dissipation-Concept) model (Magnussen and Hjertager, 1976; Magnussen, 1981, 1989) 
is adopted. In this model, we assume that there is complete molecular mixing of reactants and products within the 
smallest turbulent scales, with dimensions proportional to the turbulent kinetic energy dissipation characteristic length 
scales (Kolmogorov scales). Within these small regions, called the inner region, there is a chemical reaction, controlled 
by a chemical reaction mechanism, transforming reactants to products. Here, the global one-step mechanism presented 
in Eq. 1 is used. Between the inner region and the outer region, there is reactants and products turbulent transport, 
controlled by the larger scales turbulent transport mechanisms. The local mass balance requires that the net mass flux of 
each chemical species i between both regions (in and out) is equal to the inner region chemical reaction rate.  

In this model, the volumetric fraction of the flow occupied by turbulent smaller scales (inner region) is given by ξ 3 
where ξ is defined by: 
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where Cξ is a volumetric fraction constant equal to 2.1377 and ν is the kinematic viscosity. 

Mass renewal inside the small scales region occurs in a characteristic time given by: 
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where Cτ is a time scale constant equal to 0.4082. 

The net mass flux between the inner and outer regions is given by: 
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where Yi

* is the mass fraction of chemical species i existing in the inner region. This model assumes one for the 
probability of reaction, denoted by χ in Magnussen (1981 and 1989) original work. 
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The inner region mass balance requires that the net mass flux be proportional to the molecular chemical reaction 

rate, which means 
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From the equation for the net mass flux, the mass and energy balances result in: 
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where ρ* is the mixture specific mass of small scales region and h* and h are the mixture enthalpies of small scales and 
mean flow regions given by: 
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where N is the number of chemical species present in the mixture (CH4, O2, N2, H2O and CO2). 
For the chemical reaction rate, the inner region can be modeled as a Perfectly Stirred Reactor (PSR). For a global 
mechanism reaction rate, we assume an Arrhenius model, given by: 
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where A is the pre-exponential factor, E is the activation energy, β is a temperature coefficient, R is the universal 
constant of gas, Mi is the molecular mass of chemical species i and ni is the stoichiometric coefficient of chemical 
species i in Eq. (1). 

The gas mixture is assumed to follow an ideal gas behavior, then, 
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where ipc ,  is the specific heat of chemical species i and o

fih ,  is the standard enthalpy of formation. 
The system of equations valid in the small scales is solved for each control volume, in the form of a sub-grid model. 

From this solution, temperatures T* and concentrations Yi
* in the small scales region are obtained. This data, with local 

mass fraction Yi, is then used to obtain the local average volumetric reaction rate from Eq. (15). 
 
2.2. Boundary conditions 
 

Boundary conditions for pressure, temperature, turbulent intensity and mixture composition must be defined. The 
inlet of intake system is set at: intake pressure of 101.3 kPa, temperature of 298 K, turbulent intensity of  
3 % and stoichiometric mixture of dry air and methane (0.22026 oxygen mass fraction and 0.05507 methane mass 
fraction). The outlet of exhaust system is set at: exhaust pressure of 102.1 kPa, temperature of 523 K, turbulent intensity 
of 3 % and completely burned mixture (0.15143 carbon dioxide mass fraction and 0.12389 water vapor mass fraction). 

Intake and exhaust system surfaces, as valve stem, were considered insulated. Otherwise, the surfaces of the 
combustion chamber were considered isothermal with temperature equal to 403 K. 

The main engine working parameters for the base case are listed in Table 2. The effect of variations in ignition 
timing from 300 to 336 degrees will be tested. Each simulation starts with the piston in the top dead center and finishes 
4 or 5 cycles later, when a periodic regime takes place. 

 
Table 2. Main engine working parameters. 

 
Engine speed 4,500 rpm   Intake valve close 224 CAD 
Exhaust valve open 496 CAD*   Ignition energy 100 mJ 
Exhaust valve close 720 CAD   Ignition duration 1.10-4 s 
Intake valve open 0 CAD   Ignition timing 300 to 336 CAD 
* CAD (crank angle degree)     



3. NUMERICAL SOLUTION  
 

The software Fluent v. 6.3.26 (2006) is used for the solution of the conservation equations. In this software, 
governing equations for mass, momentum, species, energy and turbulent quantities are solved using a finite volume 
methodology. For this, the computational domain is divided into finite volumes that are used to integrate the differential 
equations by Gauss Theorem in a collocated mesh arrangement. 

The pressure-velocity coupling is solved by PISO formulation. In this finite volume method some proprieties need 
to be interpolated on finite volumes faces. Here, a second-order upwind scheme was adopted to solve mass, momentum, 
species and energy equations. Power-law scheme was adopted to solve turbulent quantities equations. 

Under-relaxation factors equal to 0.6 were set for velocity fields, 0.3 was set for pressure, 0.7 was set for turbulent 
quantities and 0.95 was set to energy. Others quantities did not need under-relaxation factors. The solution was 
considered converged when the total residual was less than 10-3 for all the properties, except for the energy equation, for 
which the total residual should be less than 10-6. 

Since only long term periodic solutions are sought, the pressure fields for combustion chamber and intake system 
were initialized, respectively, with values of 102.1 kPa and 101.3 kPa respectively. Intake system initial temperature 
was set to 298 K, while combustion chamber and exhaust system initial temperatures were set to 700 K and 523 K, 
respectively. Intake system mass fractions were initialized with same values as stoichiometric air/methane mixture. 
Combustion chamber and exhaust system were initialized with same values as the total burned mixture. 

The computational mesh has, approximately, 21,000 volumes at bottom dead center piston position and 6,000 
volumes at top dead center piston position. Fig. 2 presents the computational mesh at bottom dead center position. Due 
to dynamic mesh grid refining, time step was limited to a maximum of 10–5 s. 

 

 
 

Figure 2. Mesh view at bottom dead center piston position. 
 
4. RESULTS AND DISCUSSION 
 

Initially, a baseline condition corresponding to the operating conditions represented in Table 2, with an ignition 
timing of 48 CAD BTDC, was studied. Figure 3 presents the in-cylinder pressure and temperature versus the crank 
angle for this condition. As can be seen, the form of the curve, for both pressure and temperature, resembles that for a 
typical internal combustion engine. The peak pressure obtained for this case is about 39.6 bar, whereas for temperature 
the maximum is about 2,100 K, which again are typical values expected for production engines.  

The mass flow rates through the intake and exhaust valves are presented in Fig. 4. It can be observed that the highest 
mass flux at the intake valve occurs close to 110 degrees, which is the fully open valve position. However, the same 
does not happen for the discharge valve and, instead of happening at the maximum valve lift, the highest flow rate is 
seen at 540 degrees. This can be explained by the high level of the in-cylinder pressure when the exhaust valve opens, 
which creates a strong drive force for the flow (the blowdown period). The blowdown period is then followed by a 
scavenging period. The engine volumetric efficiency is found to be equal to 0.74 for the present situation. An interesting 
flow feature captured in the simulation is the backflow in the intake valve. The backflow at the beginning of the intake 
stroke is due to the higher pressure in the residual gas since the engine is throttled. The backflow at the end of the intake 
stroke is a consequence of the increased pressure inside the cylinder when the piston moves up towards the top dead 
center in the beginning of the compression stroke. For this engine speed, the inertia of the incoming flow was not large 
enough to overcome the small adverse pressure gradient.  

The pressure-volume diagram in Fig. 5 shows that the pumping work is much less than the work delivered to the 
piston. The net work per cycle for this baseline engine is approximately equal to 334 J, with a thermal efficiency of 
0.33. 
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(a)        (b) 
Figure 3. In-cylinder properties versus crank angle: (a) pressure; (b) temperature. 
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Figure 4. Mass flow rate through intake and exhaust 
valves versus crank angle. 

Figure 5. Pressure-volume diagram. 

 
Figure 6 presents the combustion rate diagram, showing the oxygen and carbon dioxide in-cylinder averaged mass 

fraction versus the crank angle. According to Fig. 6, the duration of the overall burning process occurs between 312o 
and 420o, which means an overall burning angle of 108o. This corresponds to the crank angle interval between the spark 
ignition and the end of the flame-propagation process (usually 90 % of mass fraction burned). After 520o both mass 
fraction show a constant value until the end of the cycle. These constant values confirm that the combustion has ended. 
It can also be seen the steep increase in the oxygen mass fraction, and the consequent carbon dioxide mass fraction 
decrease, due to the air intake through the suction valve in the angle interval between 20o and 90o, approximately.  

Temperature contours are shown in Fig. 7 for two crank angles: the first just after ignition timing, at 335o, and the 
second at 345o. From these results it is possible to analyze the flame front motion, which is a very important parameter 
to define the correct ignition timing, according to the selected fuel. During these 10o of crank angle, the flame moves 
faster than the piston speed. The average front expansion speed of 17 m/s can be explained by the turbulence affected 
premixed flame propagation.  

Figure 8 illustrates the turbulence intensity fields at two crank angles, corresponding to 60o and 90o. The turbulence 
intensity level has a fundamental role on the flame front propagation and can be adjusted by several techniques, such as 
modifications in the intake system and the combustion chamber geometry. An important aim of the induction system is 
to supply as much fresh air as possible to the cylinder and, at the same time, to establish a favorable flow pattern for the 
air/fuel mixing necessary in the subsequent combustion. Naturally, the precise characteristics of the resulting flow are 
dependent on the port/valve assembly, cylinder geometry and operating conditions. 



The flow coming from the intake system exits the valve in a conic jet form, separating from both the valve and the 
valve seat surfaces. The interaction of the jet with the in-cylinder region results in large recirculating flow regions. On 
the other hand, the steep velocity gradients in the vicinity of the jet border generate most of the turbulence present in the 
cylinder during the induction stroke. Later, as the piston reaches the Bottom Dead Centre position (BDC), the jet starts 
losing momentum and, consequently, turbulence is reduced rapidly in the absence of stronger mean shear stresses.  
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Figure 6. Combustion rate diagram. 
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(a)      (b) 
Figure 7. Temperature [K] fields for two crank angles: (a) 335°; (b) 345°. 

 
 

              
 

(a)       (b) 
Figure 8. Turbulence intensity fields for two crank angles: (a) 60°; (b) 90°. 
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After the intake valve is closed, the flow field inside the cylinder is the initial condition for the compression stroke. 

When the piston initiates its upward motion, the recirculating flow patterns from the induction process (swirl and 
tumble) are damped by pressure forces. Despite the highly non-homogeneous turbulence during the intake stroke, in the 
compression stroke this feature and also turbulence intensity are diminished. The flow field at the end of compression is 
of crucial importance, especially turbulence and mean velocity magnitudes close to the spark plug since flame 
propagation after ignition will be related to flow conditions there. 

Usually the port/valve assembly is designed to produce a rotatory motion for the mixture inside the cylinder; 
commonly denominated swirl. It has been observed that during the compression stroke the swirling flow is not so 
affected by the pressure field as are other structures and that swirl can effectively speed up the combustion process 
although with some penalty to the valve discharge coefficient. 

Finally, results for the engine performance are presented in Tab. 3 for six ignition timings. As can be seen, the 
engine performance is increased by the advance in the ignition timing. The worst performance is seen to occur at 24 
CAD BTDC and can be explained by the low flame speed associated with the methane. For the engine speed considered 
(4,500 rpm), the low flame speed may cause the mixture not to burn completely before the exhaust valve is opened. As 
a consequence, a very small amount of work can be achieved from the combustion process.  

The best performance obtained at 54 CAD BTDC ignition timing is again a result of synchronizing the methane 
flame speed with the piston motion. Because the ignition timing occurs very early, the mixture can be burned entirely in 
the chamber expansion. However, after this optimum condition, the engine starts decreasing its performance again, 
since if the ignition timing is too early an excessive compression work will occur due to the presence of burned mixture 
in the chamber. 

 
Table 3. Engine performance according to ignition timing. 

 
 Ignition Timing [CAD BTDC] 
 24 30 36 42 48 54 60 

Volumetric Efficiency 0.72 0.72 0.74 0.74 0.74 0.74 0.74 
Work [J] 152.97 192.58 248.50 306.18 334.52 346.80 289.97 
Torque [kgf.m] 2.08 2.62 3.38 4.17 4.56 4.72 3.95 
Power [hP] 7.80 9.82 12.67 15.61 17.06 17.68 14.78 
Thermal Efficiency 0.15 0.19 0.24 0.30 0.33 0.34 0.28 
Specific Fuel Consumption [g/kW.h] 466.44 374.34 293.62 238.66 219.96 211.63 252.29 

 
 

5. CONCLUSION 
 

The present paper considered the development of a two-dimensional numerical model to simulate a spark-ignition 
engine fuelled by a stoichiometric mixture of air and methane. The analysis revealed physical aspects related to the in-
cylinder fluid dynamics, heat transfer and combustion, through results for temperature, pressure and turbulence intensity 
fields. The engine performance was assessed through predictions of indicated power, torque and specific fuel 
consumption, as well as volumetric and thermal efficiencies, for different ignition timing angles. The results were seen 
to be consistent with data of production engines. A next step in the research will consider a three-dimensional 
simulation of the engine, so that the influence of intake and exhaust systems can be included into the analysis. 
Moreover, the effect of turbulence on combustion and engine performance will also be explored.  
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